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ABSTRACT 

Blending of ethanol especially with gasoline has become quite common in developing countries 

like India but the barriers for its application as a primary fuel to internal combustion engines have 

not been overcome yet. Detailed study on ethanol production from corn shows a slightly energetic 

advantage and estimated the net energy gain of 20%. In order to obtain further net-energy gain and 

hence to lower the energetic cost of changing ethanol to utilizable form, development of new 

utilization techniques needed. Utilization of ethanol-water mixture (wet-ethanol) in combustion 

engines by eliminating the energy spent in removal of water may significantly increase the net 

energy gain, from 21% to 55%. HCCI engines can exploit wet-ethanol more effectively than the 

traditional engines and hence can be considered as a suitable mode of combustion for the direct 

utilization of wet-ethanol as a primary fuel. 

Renewable fueled HCCI engines have been analyzed using a traditional method of analysis based 

on first law of thermodynamics which cannot show how or where the irreversibilities in the system 

or process occur and hence it does not provide further insight into the overall thermodynamics of 

the phenomena. On the other hand, second law of thermodynamics allows the identification of 

various processes where most exergy destruction of working medium occurs. Reduction of those 

irreversibilities and exergy losses can lead to an effective exploitation of a renewable fuel in HCCI 

engines. Second law investigations carried out on HCCI engines shows that a majority of 

thermodynamic losses occurs during the HCCI combustion process and thermal energy exhaust to 

the ambient. It is calculated that a larger portion of the fuel energy is expelled as waste enthalpy 

in the hot exhaust gases, resulting in a substantial quantity of exergy being emitted from the system. 

It has been determined that recovering part of the thermal energy contained in exhaust gases is 

worthwhile in the development of more effective and environmentally friendly combustion 

engines. 
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In this regard, present thesis provides a two-folded methodology to increase the work output and 

fuel conversion efficiency of HCCI engine fueled by wet-ethanol. First, a detailed exergy analysis 

of HCCI engine was developed and performed operating on an advanced combustion strategy with 

wet-ethanol. Second, a theoretically driven, computational exergy analysis methodology of 

exhaust flows to characterize the exhaust exergy was introduced and implemented on a HCCI 

engine. In this regard, an exergy analysis framework is developed to quantify fuel exergy 

transformations in HCCI engine combined with the waste heat driven cooling systems. Then, the 

study leading to variation of exergy components and the effect of operating conditions on exergy 

distribution and irreversibilities were conducted. A detailed investigation was made first, to 

recover the energy and exergy accompanied by engine exhaust gases to drive the novel 

thermodynamic cycles producing the cogeneration of power and cooling.  Additional generation 

of cooling and power through engine exhaust heat is expected to provide the economic benefits 

and improves the engine overall efficiency without supplying the additional fuel. Obligatory 

standards concerning the weight of the empty vehicle disregard the use of absorption refrigeration 

cycles (ARC) as they are bulky, expensive and complex in design. To surmount this limitation, 

ERC (ejector refrigeration cycle) is found to be a promising option as it avoids the use of 

mechanical compressor and CFC’s. Moreover, ejectors are more compact and easier to maintain 

than compression and absorption cooling systems.  In this context, a novel configuration consists 

of an organic Rankine cycle combined with the ejector is applied as the most potential means to 

recover the wet-ethanol fueled HCCI engine exhaust heat to produce cooling and power in an 

energy efficient, less expensive and eco-friendly manner. The developed combined system of 

cooling-power cogeneration was simulated by Engineering Equation Solver (EES) software. 

Combined system responses to altering the operative conditions on the energy and exergy 

performances are ascertained to obtain guidance for system design. The results are computed for 

R134a, R290, and R600a working fluids. Increase in turbocharger pressure ratio from 2.5 to 3.5 
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raises the thermal efficiency of cooling-power cogeneration from 47.87% to 50.09% when R134a 

is used as working fluid. Cooling capacity and exergy of refrigeration are decreased by greater 

than 2.0% in case of R134a operated system when the vapor generator pressure is elevated from 

1800 kPa to 2200 kPa. Increase in evaporator pressure of ERC from 327.4 kPa to 348.7 kPa is 

greatly beneficial to thermodynamic performance of cogeneration and its cooling capacity is 

improved by 11.34% when R134a is utilized as the working. When PEvap rises from 175.7 kPa to 

186.9 kPa and R600a is employed as the working fluid, the cooling capacity is increased by 

12.58%. 

In order to determine the comparative waste heat recovery potential of heat driven cooling systems 

an HCCI engine fueled by wet-ethanol was proposed to be bottomed with the ERC and ARC, 

separately, to recover the exhaust heat for refrigerating the thermal load of vehicle air conditioning. 

A comparative thermodynamic analysis of proposed cooling-power cogeneration was conducted 

by considering the quality and quantity of energy transfers during the energy conversion processes 

of the cycle. Energetic and exergetic performances of cogeneration cycle was assessed by altering 

the following parameters; turbocharger pressure ratio, turbocharger compression efficiency, and 

ambient temperature. In addition, the distribution of fuel energy supplied in terms of energy 

produced and energy lost as well as the breaking down of exergy of fuel supplied into the exergy 

produced, exergy destruction in the major components of cogeneration cycle, and the loss of 

exergy due to thermal exhaust to ambient is also computed, graphed, and discussed. The 

contribution of exergy destruction is scrutinized and debated in regard of cycle performance 

improvement. Results are derived for the employment of R134a as the refrigerant of ERC and 

LiBr-H2O mixture as the working fluid pair for the ARC. Further, the COP of both ERC and ARC 

were computed with the variation in the entrainment ratio and generator temperature, respectively. 

Results show that elevated pressure of turbocharger results in the enhancement of HCCI engine 

power and increase of the refrigeration of thermal load, simultaneously. However, ambient 
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temperature rising shows the decline of HCCI engine efficiencies and energy efficiency of 

cogeneration while the cogeneration cycle exergy efficiency is found increasing. Furthermore, the 

results are reported for the refrigeration performed by LiBr-H2O operated ARC, and R134a and 

R290 operated ERC, respectively. Mapping of exergy destruction for the cogeneration cycle 

studied discovered HCCI engine, boiler of ERC, generator of ARC, and catalytic convertor as the 

components of significant exergy destruction. Entrainment ratio and type of refrigerant employed 

in ERC and the generator temperature of ARC shows a marginal impact on the COPs of these 

cycles. It was noticed that an increase in pressure ratio across the turbocharger from 2.5 to 3.5 

raises the HCCI engine first law efficiency from 44.09% to 46.32%, and for cogeneration it is 

increased from 47% to 49.21% when R134a is used as ERC refrigerant and from 46.06% to 

48.29% when R290 is the ERC refrigerant, and in case of ARC bottoming it is increased from 

55.08% to 57.25%.  

Furthermore, a relatively new thermodynamic model was also developed in EES to compare the 

performance of HCCI engine operating on natural gas and wet-ethanol, and a new type of ejector 

technology was employed to recover the exhaust heat of a natural gas fueled HCCI engine to 

simultaneously refrigerate the thermal load of air conditioning and low temperature refrigeration. 

A shaft power driven two-phase ejector which consists of a hermetic reciprocating compressor, an 

air cooled condenser, a separator, and two evaporators for combined production of refrigeration 

and air conditioning and integrated to HCCI engine operated on natural gas engine was employed 

as it was found novel for current investigation. The development of such a cooling-power 

cogeneration has been found to possess three fold benefits; cooling produced by low temperature 

evaporator will refrigerate a thermal load for food and vaccine preservations and the cooling 

produced by high temperature evaporator will provide cabin cooling or air conditioning of vehicle, 

and decrease in exhaust temperature due to waste heat recovery will reduce the thermal pollution. 

Energetic and exergetic investigations were carried out to study the role of equivalence ratio, 



vii 
 

engine speed, condenser temperature, refrigeration evaporator temperature, air conditioning 

evaporator temperature, and ejector nozzle efficiency on the thermodynamic performance 

parameters of the combined cycle. The analysis of two-phase ejector cooling cycle using three 

working fluids including R717, R290, and R600a is conducted. Results reveal that the thermal 

efficiency of HCCI engine is increased from 47.44% to 49.94%, and for the R600a operated 

combined cycle it is increased from 60.05% to 63.26% when the equivalence ratio is promoted 

from 0.3 to 0.6. Distribution of fuel exergy results show that out of 100% exergy input, in case of 

R717 operated combined cycle, 139.79 kW (38.72%) is the total exergy output and 164.21 kW 

(45.49%) and 57 kW (15.79%), are the values for exergy destruction and exergy losses. It is further 

shown that change in refrigerant minorly influence the percentages of exergy distribution. 

Finally, an important existing knowledge gap was covered by introducing a methodology for 

performing a detailed exergy analysis of exhaust flows from the perspective of exhaust waste 

energy recovery in HCCI engine for cooling production. The physical exergy of a flowing stream 

and its thermal and mechanical components along with the chemical exergy of fuel and the 

subsequent mixture of gases are computed by combining the thermodynamic formulations 

developed in this study. 
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Chapter 1 

Introduction and Literature review 

1.1 Energy demand 

Human life has changed dramatically as a result of the Industrial Revolution. Steam engines, 

followed by IC (Internal combustion) engines and gas turbines, revolutionized industry and 

transportation. This has resulted in a phenomenal increase in the global population, which has risen 

from 700 million people at the start of the industrial age to 7.87 billion now. According to the 

United Nations, this population will grow to 9.7 billion in 2050 and then to 10.9 billion in 2100 

[1]. The energy demand is rising throughout the world to keep up with the increasing population 

and improved living standards. Between 2018 and 2050, according to the International Energy 

Agency, energy consumption will increase by 50% [2]. According to a report published by IEA, 

global energy demand is expected to rise by 4.6 % in 2021, more than offsetting the 4% decline in 

2020 and boosting demand above 2019 levels, as illustrated in Fig.1.1 [3]. 

 

Fig. 1.1. In comparison to 2019, the evolution of total primary energy demand, global GDP and 

energy-related CO2 emissions.[3] 
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Fig. 1.2 a) World energy consumption by energy source [2], b) U.S. energy consumption by fuel 

[4]. 
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Fig. 1.3 illustrates that oil demand peaks in the late 2020s and gas demand peaks in the 2030s, 

whilst coal demand declines steadily and is also described as [5]: 

• Oil demand growth slows significantly, with a forecast peak in the late 2020s and a 10% 

drop by 2050, owing to slower car-park development, improved engine efficiency in road 

transportation, and more electrification. 

• In the next ten to fifteen years, gas will continue to expand its share of global energy 

demand—the only fossil fuel to do so—before peaking in the late 2030s. Nonetheless, gas 

demand in 2050 will be 5% more than it is now. 

• Between 2019 and 2050, coal consumption falls nearly 40%, owing to the phaseout of coal 

plants in the power industry in various zones. 

 

Fig. 1.3. Fossil fuels are still a primary source of energy for an energy system. [5] 

Global demand for transportation energy is expected to elevate at a rate of 1–1.5 % annually at 

least 2050 [6-9] due to fast growth in population and standard of living in developing countries. 

Gasoline, diesel, and jet fuel are likely to dominate the transportation energy portfolio, both for 
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light-duty and heavy applications despite considerable development in alternative energy sources 

[7-9]. Furthermore, there is much evidence that there are enough crude reserves to supply this 

growing need [9, 10]. Global greenhouse gas emissions are a result of fossil fuel consumption, 

which has a negative influence on public health and climate change. As a consequence, 

government bodies impose strict efficiency and emissions limitations on the transportation 

industry. Global energy consumption and greenhouse gas emissions reduction can be achieved by 

improving fuel economy in the transportation sector. 

Three main sources of energy supply are used to meet this high demand. Fossil fuels, nuclear 

power plants, and renewable energy sources are the three options. Fossil fuels are still the primary 

source of energy for practically all sectors, including household, transportation, and industry. 

Transportation is one of the world's major consumers of fossil fuels, owing to the vast number of 

vehicles produced globally. The production of greenhouse gases, which have a considerable 

negative impact on the environment, is a key concern associated with the consumption of fossil 

fuels. The employment of IC engines in transportation, power generation, and the commercial 

sector is the major source of both emissions and consumption of fuel. Cleaner fuels and more 

efficient combustion technology in IC engines are major solutions for reducing fuel consumption 

and emission in the transportation sector. 

In both established and emerging countries, hybrid electric vehicles [11,12], pure electric vehicles 

[13–15], and fuel cell vehicles [16,17] are evolving rapidly and aggressively. Nevertheless, unless 

a full infrastructure is in place, some users may be turned off by the battery life, charging stations, 

and mileage range restrictions. Fig.1.4 shows various power units and fuel economy of a new 

passenger car in the recent 20 years and the next 20 years [18]. 

In the coming decades, the IC engine will continue to be the primary power source in passenger 

cars, especially in heavy-duty passenger cars [19, 21]. Furthermore, in the coming decades, fuel 

usage will be significantly reduced [22,23]. 
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Fig. 1.4. The main power units and fuel economy of a passenger car.[18]  

1.2 IC Engine 

IC engines are commonly utilized in vehicles that we use on a daily basis, such as cars, 

motorbikes, and buses. These are also an important source of energy for the transportation of cargo 

and agricultural goods. As a consequence of their use in the automobile and stationary power 

production industries, the IC Engine has become the most widely used device or an essential 

component of life. The cause for its popularity could be described by its entire appearance in terms 

of features such as economy, performance, controllability, and durability, also the scarcity of other 

competing options. Internal combustion happens when a fuel is burned inside a combustion 

chamber with the help of an oxidizer. The piston converts the heat released by the combustion into 

usable mechanical power. A large number of automobiles are powered by IC engines, which 

consume large amounts of fossil fuel. 

An increasingly efficient and easy living standard made possible by IC engines has also 

contributed to the environmental degradation due to the emissions from IC engines. Unburned 

hydrocarbons (UHC), carbon dioxide (CO2), nitrogen oxides (NOx), and particulate matter 

(PM) are some of the harmful exhaust pollutants produced by engines after they have generated 

power by combusting a large amount of fuel [24]. IC engine exhaust are still a major cause of air 
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pollution and energy waste, despite the growing use of renewable energy for power. As a result, 

there is a strong need to enhance the efficiency of IC engines. 

The IC engine runs in a wide range of situations, also it is crucial to study the performance of the 

engine at a variety of rotational loads and speeds in order to simulate a variety of real-world 

conditions. Studies on IC engines have been ongoing since 1876 when they were first invented. It 

is possible to predict engine performance using computer-aided approaches, which can contribute 

to the development of more efficient engines. Therefore, in order to design appropriate progress 

in improving IC engine performance, researchers must continue to employ basic methods is used 

to predict the link between the thermal fluid variables in IC engines. 

Spark Ignition (SI) and Compression Ignition (CI) engines are the two most common forms of IC 

engines nowadays. In terms of efficiency and pollutant emissions, both methods have their benefits 

and drawbacks. 

1.2.1 Spark Ignition (SI) engines 

The combustion of a homogenous air-fuel mixture defines SI engines, often known as Otto or 

gasoline engines. The near-stoichiometric fuel-air mixture is compressed in the actual Otto cycle. 

A carburetor has traditionally been used to add gasoline to the inducted air, but current SI engines 

use a fuel injection system to transfer fuel into the combustion chamber. In the most usual 

condition, compression ratios are around 10:1, with pre-ignition cylinder pressures around 700 kPa 

and maximum pressures around 2000 kPa [25]. Before the piston compresses the fuel, it is 

premixed with air and injected into the inlet port. Due to the extreme volatility of the liquid fuel 

used in SI engines, a spark plug is employed to ignite the mixture near the Top Dead Center (TDC), 

resulting in premixed turbulent flame combustion. Because of this combustion approach, it is 

susceptible to self-ignition, or "knocking," that can cause damage to the structure, particularly to 

the piston. The SI engine's compression ratio is limited as a result of this phenomena, which 

reduces thermal performance. The octane number of the fuel determines the degree of knocking 

resistance of the fuel for the SI engines. 

Because the pressures are limited, the SI engine may use higher rpm's to achieve high specific 

power because the compression ratio is lower. As a result, a more lightweight design that permits 

greater rpm's could be used. Throttling is used to control load, which implies that a restriction, 
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usually a butterfly valve, controls the inlet pressure and hence the air mass flow through the engine. 

At part load, the engine is forced to function as a compressor, lowering efficiency. 

The main working point of the engine in automotive applications is low to medium load, which 

indicates the overall efficiency drops significantly. In the case of the CI engine, the situation is 

almost the complete reverse. As a result, the number of diesel-powered vehicles has increased. It 

utilizes stoichiometric mixtures, which provides the possibility of using a three-way catalyst to 

treat exhaust gases.  As a result, NOx emissions can be reduced while CO and UHC are oxidized 

at the same time.  In this way, the SI engine with a three-way catalyst is the most environmentally 

acceptable option for IC engines. It gets much better if biofuels are employed, which, unlike fossil 

fuels, do not contribute to a net CO2 rise in the environment over time. 

1.2.2 Compression Ignition (CI) engine 

High compression ratios and low octane number fuels are used in CI engines, often known as 

diesel engines, to start combustion through compression ignition. The CI engine has a higher 

thermal efficiency due to its high compression ratio, but it generates a lot of nitrogen oxide (NOx) 

emissions due to its combustion mechanism (diffusion flame). Furthermore, the diesel engine load 

is limited by high peak pressures and soot generation. Self-ignition is the ignition principle, and 

great ignitability is desired for precise combustion timing. The fuel's ignitability is determined by 

its cetane number. High peak pressures are caused by the high compression ratio, which requires 

a robust engine structure, that increases the mass of the design. The piston compresses only air to 

high temperatures in this engine, and the fuel is injected into the hot air at the end of the 

compression, resulting in its self-ignite. At extremely high temperatures, NOx is generated in the 

presence of oxygen and nitrogen. The fuel-air mixture is non-homogeneous in the absence of 

premixing, resulting in charge stratification in CI engines due to a diffusion process in very lean 

and hot regions where NOx is generated. As a result, diesel engines are known for their higher 

NOx emissions. Moreover, CI engines have superior thermal efficiency than SI engines due to 

higher compression ratios and typical fuel-air equivalence ratios just under 0.6, leading to reduced 

fuel usage and CO2 emissions.  

However, due to its combination of fuel economy, durability, and the reality that engine mass plays 

a minor factor in many applications, this engine has discovered significant usage in trucks, trains, 
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industrial, agriculture, and forestry apparatus. Turbocharging has made it possible for diesel 

engines to be used in lightweight vehicles. In the CI engine, just the amount of fuel that is injected 

is regulated, which makes it incredibly simple. 

1.3 Use of potential fuel in IC engines 

For IC engines, fossil fuel is without a dispute the largest source of energy. Moreover, due to a 

large number of vehicles produced worldwide, rapid depletions of fossil fuels and pollutant 

emissions within their combustion products, causing environmental degradation, and concern 

regarding supply safety due to the uneven distribution of fossil fuel resources worldwide, about 

half of which are located in the Middle East, encourages significance, relevance and adoption of 

renewable fuels in IC engines [26]. 

 

Fig. 1.5. Fundamental principles of fuel design for internal combustion engine [27]. 

The ever-increasing density and fuel requirement of transportation vehicles forced investigators 

and experts to look for new transportation fuel sources. Many strategies and procedures have been 

created and are constantly being developed throughout the years to improve yield, cost economy, 
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and sustainable development. The essential principles of fuel design for IC engines, as shown in 

Fig. 1.5, are used to conduct a comprehensive investigation of the numerous sources of alternative 

fuels and their manufacturing processes.  

Biodiesel, methanol, ethanol, and natural gas are among the most regularly used liquid alternative 

fuels in the transportation industry, as discussed in the following paragraphs. Today, “renewable” 

fuels are beginning to come on the market, that indicates that, unlike fossil fuels, they do not cause 

to a net increase in CO2 in the environment. 

1.3.1 Biodiesel 

Biodiesel is a renewable fuel created biologically that is similar to conventional or "fossil" diesel. 

It is domestically produced non-petroleum-based diesel fuel from animal fats (pork lard, beef 

tallow), plant oils (Jatropha, canola oil, corn oil, soybean oil, cottonseed oil), or recycled and 

renewable cooking oils using a Transesterfication process to remove glycerin and yield methyl or 

ethyl esters optimized for combustion. It can be used in unmodified diesel-engine vehicles (pure, 

or blended with conventional fuel). The commonly adapted processes for converting those 

vegetable oils to biodiesel to be used as a fuel in CI engines include transesterification, thermal 

cracking, microemulsification, and blending/dilution. The esterification process is depicted in 

simplified form in Fig. 1.6. Biodiesel is defined as mono-alkyl esters of long-chain fatty acids, 

commonly known as fatty acid methyl esters (FAME), according to the American Society for 

Testing and Materials (ASTM) [28]. 

It is believed to be a stable fuel that can be stored for a long period of time, and it has less sulfur 

and no aromatic chemicals, resulting in low PM emissions [29]. As demonstrated in Table 1.1, 

biodiesel has similar physical attributes to traditional or "fossil" diesel. Biodiesel produces more 

complete combustion due to its high oxygen content and substantially higher cetane ratings [30]. 

Biodiesel is also a suitable lubricant additive because of its high viscosity. 

Biodiesel is a non-petroleum fuel that can be used directly in CI engines without modification and 

may be blended with conventional diesel to make a biodiesel blend. It is also known as B100 or 

neat biodiesel. 
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Fig. 1.6. Basic Transesterification Process 

Biodiesel is a non-petroleum fuel that can be used directly in CI engines without modification and 

may be blended with conventional diesel to make a biodiesel blend. It is also known as B100 or 

neat biodiesel. Biodiesel is safe to handle and store because it is non-toxic, non-flammable, and 

non-volatile. Furthermore, because it has a lower calorific value, is less volatile, and thickens in 

cold conditions, anti-freeze additives are required [31-34]. Clean, dry, dark storage is 

recommended for biodiesel. Aluminum, steel, fluorinated polyethylene, fluorinated 

polypropylene, and Teflon are all acceptable materials for storage tanks. Avoid copper, brass, lead, 

tin, and zinc. Because of the high concentration of oxygen and unavailability of aromatics in 

biodiesel, it leads to more complete combustion in CI engines, resulting in significant reductions 

in UHC, CO, and PM levels when compared to traditional diesel fuel emissions. 

Table. 1.1 Physical properties of biodiesel produced from different feedstocks [34-41] 

Feedstock 

Type  

Calorific 

Value 

(MJ/kg) 

Viscosity 

(mm2/s) 

Density 

(kg/l) 

Cetane 

Number 

Flash 

Point (°C) 

Jatropha 38.5-42 3.7-5.8 0.864-0.880 46-55 163-238 

Canola oil 36.55-40.5 4.2-4.5 0.83-0.886 49-52.9 94-183 

Corn oil 37.5 4.17-4.21 0.884-0.890 60.9 - 

Sunflower 39.575 37.1 - 37.1 274 
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Rapeseed oil - 4.439 0.882 - - 

Cotton 39.6 50 0.912 41.2-59.5 210 

Rubber seed 

oil 

36.5 5.81 0.860 37 130 

Palm oil 39.8 4.56 0.856 61 167.3 

Beef tallow - 4.89 0.832 - 152 

Lard 36.5 4.84 0.877 - 143.5 

1.3.2 Natural gas 

Natural gas is a flammable mixture of hydrocarbon gases that mostly consists of methane (CH4), 

other hydrocarbons, ethane, propane, butane, pentane, hexane, and a variety of other minor gas 

elements, and its composition varies depending on the source of the gas. Natural gas is created 

over millions of years when layers of decomposing plant and animal waste are exposed to 

tremendous heat and pressure beneath the Earth's surface. Natural gas composition changes 

significantly from location to location and throughout time. The specific composition of any given 

site will fluctuate between regions and over time. Each well has a unique Natural Gas constitution 

with varying proportions of each hydrocarbon gas constituent, but they always contain a large 

quantity of methane. 

The primary member of the alkane family is methane, which is always the dominant component 

of natural gas. Natural gas is considered as the cleanest fossil fuel because of its high H/C ratio. 

Many countries employ natural gas engines in city buses because of the environmental benefits. 

Due to the overuse of fossil fuels, CO2 levels in the atmosphere, which should be between 180 and 

280 ppm, hit 405 ppm in September 2018 [42]. As a result, many governments promote the use of 

natural gas in vehicles rather than gasoline and diesel. Natural gas is easy to ignite, delivers clean 

combustion, and produces a lot of heat since it mixes properly with air. 

Natural gas is a high-octane (around 110) fuel that allows SI engines to run more efficiently. The 

flame speed is higher as a result of the high-octane number, and the engine can run at a higher 

compression ratio, resulting in more powerful performance in SI engines. 

Natural gas-powered internal combustion engines, unlike gasoline and diesel engines, do not 

require fuel enrichment during cold starts, and their exhaust emissions are unaffected by cold 
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temperatures. According to vehicles that use petroleum-derived fuel, natural gas vehicles produce 

emission values that are lower than the EURO 6 standard [43]. 

1.3.3 Methanol 

Methanol, as the most common alcohol, is a cost-effective alternative transportation fuel due 

because of its efficient burning, ease of transportation, and global availability. Methanol is one of 

the most promising fuels being investigated as a substitute for gasoline, and it has undergone 

extensive study and development. Because of the high-octane number and rapid flame speed, 

methanol engines have a higher thermal efficiency than gasoline engines. Methanol is 

manufactured from natural gas in plants that have a total energy efficiency of 60%. Methanol can 

be produced from any carbon-rich renewable resource, including seaweed, scrap wood, or rubbish, 

after it has been converted into synthesis gas. Syn gas can be made from biomass, agricultural 

waste, lumber waste, and municipal solid waste using a gasification and thermo-chemical process 

[44]. Steam reforming and the water gas shift process are used to produce syngas, which is then 

used to produce methanol. 

Reaction of steam reforming: 

𝐶𝐻4 + 𝐻2𝑂
𝑍𝑖𝑛𝑐 𝑏𝑎𝑠𝑒𝑑 𝑐𝑎𝑡𝑎𝑙𝑦𝑠𝑡

800−1000℃,20−30 𝑎𝑡𝑚
 → 𝐶𝑂 + 𝐻2                                                                              (1.1) 

Water-gas shift reaction:        

𝐶𝑂 + 𝐻2𝑂 → 𝐶𝑂2 + 𝐻2                                                                                                               (1.2) 

Reaction of methanol synthesis: 

2𝐻2 + 𝐶𝑂
𝑍𝑖𝑛𝑐 𝑏𝑎𝑠𝑒𝑑 𝑐𝑎𝑡𝑎𝑙𝑦𝑠𝑡

800−1000℃,20−30 𝑎𝑡𝑚
→ 𝐶𝐻3𝑂𝐻                                                                                  (1.3) 

Despite its low cetane rating, methanol can be used as a diesel fuel alternative in CI engines. For 

trucks, buses, and off-road vehicles, dual-fuel heavy-duty engines that run on both diesel and 

methanol can enhance efficiency and drastically reduce pollution. 

Methanol is a light, volatile, colorless, flammable, liquid with a distinct odor, also known as methyl 

alcohol, wood alcohol, wood naphtha, or wood spirits. For many years, pure methanol and varying 

mixes of methanol and gasoline have been widely tested in engines and automobiles. M85 (a 
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mixture of 85 percent methanol and 15 percent gasoline) and M10 (a mixture of 10 percent 

methanol and 90 percent gasoline) are the most popular mixtures that can be used as an alternative 

fuel in flexible fuel vehicles. 

Table. 1.2 Physical properties of fuels [25, 45, 46, 47] 

Properties Methanol  Ethanol Natural Gas Diesel  Gasoline 

Chemical 

Formula 

CH3OH C2H5OH CH4 C12H26 C8H18 

Specific 

gravity 

0.791 0.785 0.79 0.84-0.88 0.72-0.78 

Auto ignition 

temperature 

(℃) 

463 423 650 250 257 

Stoichiometric 

ratio 

6.5 9 17.2 14.5 14.7 

Motor octane 

number 

88.6 89.7 120 - 80-90 

Cetane 

Number 

3.8 5-8 - 40-55 >15 

Molecular 

weight 

32.4 46 ~18 ~170 ~114 

Boiling point 

(℃) at 1 bar 

65 78.3 -160 190-280 30-225 

Adiabatic 

flame 

temperature 

(K) 

- 2193 2320 2200 2300 

Oxygen 

content 

49.93 34.73 0 0 0 

Maximum 

flame speed 

(m/s) 

- 0.61 0.42 0.3 0.5 

Lower heating 

value (MJ/kg) 

20.1 26.9 50 42.5 43 

1.3.4 Ethanol 

Ethanol is now commonly utilized as an engine fuel in a number of nations, including Brazil, the 

United States, and Sweden [48, 49]. Ethanol can be used in a variety of ways as an engine fuel. 
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For example, in ethanol fuel E85, which meets the requirements of ASTM 5798 and EN 

15376:2014-CEN, ethanol is blended with gasoline and additives to provide smooth engine 

ignition at cold temperatures (below +5℃), corrosion resistance in engine subsystems, and fuel 

storage. While a little amount of ethanol added to gasoline has the potential to enhance combustion 

and emissions, the thermal efficiency is not greatly improved. 

Many studies have attempted to enhance the thermal efficiency of ethanol-fueled engines to diesel-

like levels by adding next-generation combustion modes. 

The usage of ethanol in the transport sector can help reduce fossil fuel consumption and 

greenhouse gas emissions. IC engines can run on bio-ethanol produced through biochemical 

processes from biomass or waste. Use of ethanol as an alternative fuel for IC engines to reduce 

pollutant emissions, greenhouse effect by lowering CO, CO2, NOx, Sox is the focus of this 

research. Ethanol can be utilized as a fuel in an internal combustion engine in two ways: straight 

and mixed. Engine modification is not required for low ethanol mixtures. As a result, the use of 

ethanol lends a helping hand in lowering dependence on foreign fuel. 

Because of its various renewable sources, ethanol is a possible alternative fuel in IC engines and 

has been identified as a gasoline substitute. Table 1.2 shows the physical and chemical 

characteristics of ethanol and other fuels that can be utilized in SI and CI engines without requiring 

structural changes. 

The production of ethanol for use as a fuel involves both biological and physical processes. The 

fermentation of sugars by yeast is the primary manufacturing process. Corn, wheat, sugar beet, 

molasses, sugar cane or starch, cereals, shale oil, cellulosic biomass, and other crops can be used 

to make the raw materials. 

First, the raw ingredient is fermented, followed by distillation to achieve the needed purity. Eqs. 

(1.4) and (1.5) describe the chemical reaction of ethanol production. Apart from the basic ethanol 

production process, numerous additional procedures have been created over time. Ethanol, or more 

accurately bioethanol, is commonly produced from biomass waste using fermentation techniques, 

as shown in Fig. 1.7. Ethanol has a high- octane number than gasoline, which needs a higher 

burning temperature for autoignition. An SI engine with a higher compression ratio can use ethanol 

as fuel because of its high-octane number. [50] An increase in volumetric efficiency can be 
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achieved by using latent vaporization heat from ethanol, which increases the cooling effect of the 

cylinder [51]. Ethanol is a cleaner burning fuel than gasoline and diesel, producing less CO, CO2, 

and NOx. Alcohols, which have comparable properties to gasoline but have a higher oxygen 

concentration, can minimize exhaust gas emissions [52,53]. 

This fuel may blend and ignite properly with a high rate of combustion efficiency due to the 

presence of oxygen. When employed in traditional gasoline and diesel engines, this feature is 

expected to reduce exhaust pollutants such as CO, NOx, and UHCs. 

(𝐶6𝐻10𝑂5
𝑆𝑡𝑎𝑟𝑐ℎ

)
𝑛
+ 𝑛 ( 𝐻2𝑂

𝑊𝑎𝑡𝑒𝑟

) → 𝑛 (𝐶6𝐻12𝑂6
𝐺𝑙𝑢𝑐𝑜𝑠𝑒

)                                                                                  (1.4) 

𝐶6𝐻12𝑂6
𝐺𝑙𝑢𝑐𝑜𝑠𝑒 𝑌𝑒𝑎𝑠𝑡

⇒   2(𝐶2𝐻5𝑂𝐻
𝐸𝑡ℎ𝑎𝑛𝑜𝑙

) + 2𝐶𝑂2                                                                                           (1.5) 

 

Fig. 1.7. Production of bioethanol from biomass [54] 

The advantages and disadvantages of using ethanol in IC engines are shown in Fig. 1.8. 

For use as a fuel in SI engines, ethanol offers certain unique characteristics: [55] 

• A high-octane number results in a high level of knock resistance and, as a result, the 

capability to enhance the engine performance 
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• Because of the high oxygen concentration, the air/fuel mixture will be more homogenous 

and will ignite properly, resulting in a reduction in unburned hydrocarbon emissions such 

as UHC and CO. 

• A density similar to that of gasoline. 

• A high latent heat of vaporization allows for a “cooling effect” of air, which allows for a 

denser fuel–air charge, as a result, improves filling efficiency. 

On the other hand, there are some drawbacks to consider: 

• The presence of oxygen (30% wt) in the molecule causes an increase in the volumetric 

consumption of fuel. 

• In cold situations, particularly cold start, the high latent heat of vaporization might cause 

running problems. 

• Ethanol produces azeotropes containing light hydrocarbon fractions, which might cause 

volatility problems. 

• Because of its high oxygen concentration and its potential to oxidize into acetic acid, some 

components utilized in the engine, including metals or polymers, are incompatible with 

ethanol. 

• Because of its miscibility with water, it can produce demixing problems when mixed with 

hydrocarbons. 

• Engines that burn ethanol emit aldehydes, which can have a harmful effect on health. 

IC engines can run on pure ethanol, although there are certain drawbacks [56]. These 

drawbacks are as follows; 

• Because of the corrosive nature of the fuel, the materials and surfaces of combustion 

chamber parts, as well as any polymers in contact with the fuel and the fuel injection 

system, must be improved. 
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• No passenger vehicle has been developed to run completely on ethanol. Pure ethanol can 

cause engine damage. Even Ethanol concentrations can reach up to 85 % in engines that 

can operate on gasoline-ethanol blends. 

• It has a poor cold-starting performance due to its lower flame speed. In the winter, it is 

difficult to use as fuel. 

• Because of its low energy density and cetane number, it is difficult to use in traditional CI 

engines. 

 

Fig. 1.8 The advantages and disadvantages of using ethanol in IC engines  

Key benefits of Ethanol blending with Gasoline in lines on comparison of ethanol with 

gasoline are shown below: 

• Octane number of Ethanol is usually 108 compare to gasoline 90 which allows the engine 

to operate higher compression ratio resulting higher thermal efficiency and reduces the 

knock formation. 

• Flame speed of Ethanol is 61 cm/s compare to gasoline 50 cm/s and this support the burning 

of maximum amount of fuel and hence reduces the emissions of unburned hydrocarbon 

and hence makes the engine little environment friendly. 
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• Ethanol contains a significant amount of oxygen being an oxygenated fuel compare to 

gasoline which has no oxygen. This makes the air/fuel mixture more homogenous which 

help in ignition, resulting in the reduction of unburned hydrocarbon and CO emissions. 

• Latent heat of vaporization of ethanol is considerably higher than gasoline which allows 

for a “cooling effect” of air, which allows for a denser fuel–air charge, as a result, improves 

filling efficiency 

1.3.5 Wet-ethanol  

A detailed study [57, 58] on the production and use of ethanol from corn found a slight energy 

benefit with a net energy gain of 21%, including a 15 % energy gain in co-product and a 6 

% energy gain in ethanol. As seen in Fig. 1.9, transportation, distribution, production, mashing and 

cooking, dehydration and distillation consume a significant amount of energy. The net energy gain 

is the energy that remains after all of the energy consumption has been taken into account, and its 

made up of two parts: net energy in the ethanol and net energy in the co-products [59]. 

 

Fig. 1.9.  Net energy balance for ethanol produced from corn 

Water removal 
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The development of novel utilization technologies is required in order to increase net energy gains 

and, therefore, minimize the energy consumption of converting ethanol into a useable form. Fig. 

1.9 indicates that water removal (distillation and dehydration) consumes 37% of the energy 

required to produce ethanol.  The use of direct wet-ethanol (ethanol-water mixture) reduces the 

energy consumed in water removal, the energy consumption of making pure ethanol and its 

coproducts is reduced from 37 % to only 3% percent, resulting in a net energy gain that improves 

from 21% to 55 % as illustrated in Fig. 1.10 [60]. 

 

 

Fig. 1.10.  Net energy balance for direct utilization of wet-ethanol produced from corn 

SI and CI are the conventional modes of combustion for IC engines used in surface transportation 

and distributed power generation, but they do not operate well with wet-ethanol. Flame 

propagation starts combustion in SI engines at the spark plug and continues through the 

combustion chamber. As a result of highly water concentrations in the fuel, the fuel-air mixture is 

diluted significantly. Misfires are caused by excessive dilution, which delays flame propagation. 

Additional requirements for knock-free operation of SI engines include low intake temperature 

(less than ~60°C) and low compression ratio (less than ~11).  The engine's efficiency is limited by 
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its low compression ratio, and the intake temperature controls the humidity of the intake gases, as 

condensation in the intake could damage engine components or contaminate the oil, reducing 

lubricity. Wet-ethanol also presents challenges for CI engines. Due to its high autoignition 

resistance, pure ethanol is not a good fuel for CI engines (high octane number and low cetane 

number). Because water slows chemical reactions by cooling the air inside the combustion 

chamber as it evaporates, using wet ethanol enhances resistance to autoignition. In a CI engine, it 

is therefore difficult to achieve satisfactory combustion of wet ethanol in the short period allowed 

for combustion. 

The homogeneous charge compression ignition (HCCI) engine is a modified engine combustion 

technology that includes the fundamental benefits of both SI and CI combustion (HCCI). Wet 

ethanol combustion in engines for sustainable transportation has been proven to be more promising 

with this technology. 

1.4 Advance combustion mode 

Because of the large number of automobiles manufactured around the world, there is a rapid 

depletion of fossil fuels and pollutant emissions from their combustion products, resulting in 

environmental degradation and a rise in energy consumption. As a result, in light of the energy 

demand, greenhouse gas emission caused by CO, CO2, PM, toxic hydrocarbon emissions, acid 

rain, haze, and NOx [61,62], engine researchers and developers are focusing much on advanced 

combustion modes based on traditional SI and CI engine. 

The homogeneous charge compression ignition (HCCI) engine is a next-generation engine 

technology that provides an alternative combustion mode to traditional SI and CI engines. HCCI 

engines incorporate the best features of both SI and CI engines without the drawbacks. HCCI 

engines use a homogenous mixture of fuel-air in the intake charge, similar to SI engines, but the 

fuel-air mixture is compression ignited, similar to CI engines. Due to stringent limits for NOx 

emissions from IC engines, and the aim to minimize fuel consumption and greenhouse gas 

emissions like CO2, interest in this innovative combustion technique has increased in recent years. 

This technology has the advantage of allowing cleaner combustion (low NOx, soot, and PM) as SI 

engines and high-efficiency compression-ignited combustion as CI engines. 
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Fig. 1.11. A schematic representation of SI, CI and HCCI combustion modes [63] 

Unlike traditional SI and CI engines, which use a spark or injected fuel to start ignition, HCCI 

engines do not require an external ignition source as shown in Fig. 1.11. The HCCI engine is 

dependent on the thermochemical behavior of the compressed mixture. As a result, ignition is 

affected by the gas mixture's temperature and pressure history. To enhance efficiency and 

minimize emissions, engines are run in the lower equivalence ratio range. The lean combustion 

technique is mostly used in IC engines due to the massive increase in vehicle population. The only 

way to reduce NOx emissions is to lower the combustion flame temperature. 

Low temperatures are produced by lean-burn engines, which is a key element in reducing the 

generation of thermal nitrogen oxide. Lean burning uses more air, which allows for more efficient 

combustion of the fuel, reducing both UHC and CO emissions. It is important to note that only by 

maintaining combustion temperatures as low as possible can heat transfer losses be minimized in 

an IC engine. Low temperature combustion (LTC) is employed in the HCCI combustion to 

minimize heat transfer losses, and the heat of the fuel is fully discharged in a few crank angles at 

the top dead center (TDC). A premixed fuel-air mixture, and, occasionally, internal residuals are 

compressed to the point of autoignition in the HCCI engine. In an ideal case, combustion would 

begin a few degrees before or after Top Dead Center (TDC). The ignition is fully regulated by 

chemical kinetics and is driven by species concentration and mixture temperatures [64]. As a 
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result, HCCI combustion releases energy at a much faster rate than traditional SI or CI combustion, 

which depends on the air-fuel mixing or flame propagation for their respective burning rates. 

Processes of expansion and emission are similar to those of the SI and CI engine. The HCCI cycle 

is a version of the traditional engine cycles that exhibits elements of both the Otto and Diesel 

cycles from the perspective of gas power cycles. The ideal HCCI cycle, like both of these cycles, 

starts with adiabatic and reversible compression during stroke one, as indicated in Fig. 1.12 by the 

isentropic from state 1’ to state 2’. In comparison to SI engines, HCCI engines operate on a 

thermodynamic process that is much more similar to the ideal Otto cycle (shown in Fig. 1.12). 

 

Fig. 1.12 PV diagram of the ideal HCCI cycle 

High compression ratios, comparable to those found in traditional CI engines, are used in HCCI 

engines, as is constant volume heat addition, which is often associated with SI combustion. The 

range of HCCI compression ratios can be from 14:1 [65-67] to 22:1 [68, 69] depending on the 

intake conditions and type of fuel; however, in spark-assisted HCCI implementations, lower 

compression ratios could be used. In HCCI, the range of fuel-air equivalence ratios from 0.20 to 
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0.55 for implementations without exhaust gas recirculation [68], but can reach 1.0 (stoichiometric) 

for systems that use significant dilution with exhaust gas recirculation [65]. 

One factor for HCCI engines' ability to produce higher thermal efficiency (similar to CI engines) is 

their higher compression ratios when compared to SI engines. The inlet air is not throttled for 

output power regulation, which is another aspect contributing to the higher efficiency of the HCCI 

engine. As a consequence, HCCI engines do not suffer from the throttling losses that influence 

part-load working circumstances in SI engines. Table 1.3 shows comparative parameters related 

to the combustion processes of the SI, CI and HCCI engine. 

Table 1.3 Comparison of SI, CI and HCCI combustion engines [70] 

Engine type SI CI HCCI 

Fuel  Gasoline-like fuel Diesel-like fuel Flexible fuel 

Ignition method Spark ignition  Compression 

ignition 

Auto-ignition 

Charge Premixed 

homogeneous before 

ignition 

Heterogeneous Premixed 

homogeneous before 

ignition 

Ignition point Single Single Multiple 

Throttle loss Yes - No   

Compression ratio Low - High 

Combustion flame Flame propagation Diffusive flame Multi-point 

autoignition 

Speed High   Low 

Flame front Yes Yes Without 

Fuel economy Good  Better Comparable to CI 

Max. efficiency 30% 40% >40% 

Injection type Port injection Direct injection  Both port and direct 

injection 

Major emissions UHC, CO and NOx NOx, PM and UHC UHC and CO 

Equivalence ratio 1  <1 
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Combustion 

temperature 

High  Partially high Relatively low 

Combustion timing Spark discharge Fuel injection indirect: temperature 

pressure history 

 

Fig. 1.13. The NOx or soot formation in the zones of different combustion modes [90] 

There is no NOx or soot formation in the zone of HCCI combustion above the UHC/CO oxidation 

limit, as shown in Fig. 1.13.  Because it provides a wide range of fuel flexibility [60,71,72], 

improved thermal efficiency, and reduced air pollution, HCCI combustion is believed to be one of 

the best combustion technologies to be used more widely in the automotive sector in the upcoming 

years. Fuel flexibility is also mentioned as a key advantage [73]. To reduce NOx and soot 
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emissions from the engine, HCCI technology employs the lean premixed homogenous mixture and 

low combustion temperature [74]. Before the start of ignition in HCCI engines, a lean homogenous 

flammable mixture (fuel-air equivalence ratio <1) is formed and auto ignited as a result of 

temperature increase during the compression stroke. 

HCCI combustion modes are suitable for a wide range of fuels with various octane values because 

these combustion modes offer high fuel flexibility. In recent years, the variety of fuels used in 

HCCI engines has increased considerably. Biofuels, hydrocarbon fuels, and reformed fuels are all 

examples of HCCI fuels. These engines are capable of scaling up to nearly any size of 

transportation engine, including from motorcycles to large ship engines, and they might be 

employed in many applications, including stationary applications like oil and gas production, 

electricity generating, and pipeline pumping. 

1.5 History Perspective or HCCI background 

Onishi et al. [75] at Nippon Clean Engine Research Institute Co. reported the first research findings 

of employing compression ignition of a homogeneous mixture, which they called Active Thermo 

Atmosphere Combustion (ATAC). The fundamental idea was to improve fuel consumption and 

exhaust pollutants by running a 2-stroke gasoline engine with lean mixtures during part-load 

operation. During the scavenging phase of throttled operation, a large amount of burnt gas was 

retained inside the cylinder. The average charge temperature was raised to the degree where auto-

ignition happened, which is self-ignition. It was able to employ an oxidizing catalyst and generate 

clean exhaust emissions because lean mixtures were utilized. 

Onishi also offered an ideal model (Fig. 1.14) of the ATAC concept, that became highly popular 

and was studied in several later HCCI and ATAC publications. It describes the fundamental 

difference between an ATAC and a SI engine in an easy-to-understand manner. The fuel is burned 

in a reaction zone – the flame front – in a SI engine, and the flame front propagates across the 

combustion chamber, consuming the fuel. This indicates that the burned and unburned zones are 

completely separated. All of the fuel is burned simultaneously in the ATAC case but at a slower 

rate. During the oxidation process, the fuel is divided into intermediate species, which ends until 

there are no combustible species left. Onishi further demonstrated that, as compared to 

conventional spark ignition, cycle-to-cycle changes were extremely small, resulting in increased 



26 

 

overall engine efficiency. Small generators ("NiCE," with an electrical power of 1 kW) were the 

first commercial products to use ATAC technology. Honda Motorcycle Company later developed 

a similar technology in which a valve in the exhaust system controlled the burned gas fraction. 

This technology was applied in small motorbikes, and the approach was given the title Active 

Radical Combustion [76, 77]. 

 

Fig. 1.14. The ideal model of spark ignition and ATAC proposed by Onishi. 

The same technology was developed and called “TS (Toyota-Soken) combustion” by Noguchi et 

al. [78] at the Toyota Motor Co. Ltd. during the same time period.  ATAC and TS (Toyota-

Soken) combustion were the names given by Onishi and Noguchi for their research; although, they 

were describing the same concept. It was discovered that considerable fuel savings were achieved 

in both cases, along with a reduction in the cycle-to-cycle unpredictability commonly found in 2 

stroke SI engines. 

In a four-stroke gasoline engine, Najt and Foster [64] successfully achieved compression ignition 

homogeneous charge (CIHC) combustion in 1983. Because of the increasing ability to modify the 

parameters of the gas exchange process, most of the present study has shifted from its early roots 

in two-stroke research to four-stroke research. 

First, in 1989, Thring [79] coined the term HCCI to describe his study (which investigates the 

effects of exhaust gas recirculation (EGR), intake temperature, and compression ratio) and to 
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summarize prior studies by Onishi et al. [75], Noguchi et al. [78], and Najt and Foster [64]. HCCI 

has been given an additional ten different names in the 10 years before Thring's work [79] and the 

20 years since, such as ATAC (Active Thermo-Atmospheric Combustion), TS (Toyota-Soken), 

ARC (Active Radical Combustion) in traditional 2-stroke engines, CIHC (Compression-Ignited 

Homogeneous Charge) [64], CAI (Controlled Auto-Ignition) [80–83], PREDIC (PREmixed lean 

Diesel Combustion) [84], MK (Modulated Kinetics) [85], UNIBUS (Uniform Bulky Combustion 

System) [86], OKP (Optimized Kinetic Process) [87], PCCI (Premixed Charge Compression 

Ignition) [88], and so on. Zhao [89] summarized the many names and abbreviations in the 

following observations: "When you look at these names and the reasoning behind them, you'll 

notice that they all describe two key aspects of the new combustion process: 1) premixed air-

fuel mixtures, and 2) auto-ignited combustion." For all HCCI activities until the time of publishing, 

Zhao [89] proposed two names: The first name, HCCI, refers to work done in conditions more 

related to CI combustion, such as higher compression ratios and significantly low octane/high 

cetane fuels. The second name, CAI (controlled auto-ignition), refers to methods that are more 

similar to SI combustion, such as high octane/low cetane fuels and significantly lower compression 

ratios. This difference was introduced to show that compression alone is insufficient for igniting 

high octane/low cetane fuels; The charge must be sufficiently heated and can be misleading to 

refer to the complete process as simply compression ignition [89]. The name HCCI will be used 

to describe the method throughout the work presented here. 

1.6 Advantages and disadvantages of HCCI technology 

1.6.1 Advantages 

The following are some of the benefits of HCCI technology: 

1. HCCI engines have a higher thermal efficiency, and because the majority of the 

combustion energy is discharged during thecombustion and expansion stroke, they produce 

lower waste exhaust heat than traditional SI and CI engines. 

2. A cleaner burning, lower emissions, and particularly negligible NOx emissions are possible 

with this technology. 

3. HCCI engines consume less fuel because it runs on a very lean mixture (highly diluted). 
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4. Low flame temperatures result in much lower emissions of NOx and PM due to the 

extreme lean fueling rates. 

5. Because the pre-mixed air-fuel in the HCCI engine prevents diffusion flame burning (as in 

CI engines), which reduces PM emissions, and It also does not generate soot. 

6. It also runs at very high compression ratios, which improves its efficiency (high than 

traditional SI engines) and fuel efficiency by a considerable amount. 

7. Another attractive feature of HCCI engines is their fuel flexibility. It is capable of running 

on a number of different types of fuel, including gasoline, diesel fuel, and most alternative 

and renewable fuels. 

1.6.2 Disadvantages 

On the other hand, the following are some of the disadvantages of HCCI technology: 

1. HCCI engines have a limited power range, with lean flammability constraints at low loads 

and in-cylinder pressure restrictions at high loads. The increased pressure makes it difficult 

for this type of engine to operate at a high load. 

2. Damage to the engine can be caused by high in-cylinder peak pressures. 

3. Due to its temperature and pressure history, the auto-ignition event is difficult to manage 

compared with conventional engines that use spark plugs and fuel injectors. 

4. Incomplete oxidation (due to the fast combustion event and low combustion temperatures) 

and trapped crevice gases lead UHC and CO emissions to be higher in HCCI than in a 

conventional SI engine. 

5. Cold start is the main drawback with HCCI engines. 

1.7 Challenges to HCCI and proposed solution 

Before applying the advantages of HCCI combustion engines for engine performance and exhaust 

emissions, some of the challenges of commercial production must be overcome. Fig. 1.15 depicts 

the main operational challenges of HCCI combustion. 
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Fig. 1.15. Challenges with HCCI engines. 

1.7.1 High unburned Hydrocarbon (UHC) and carbon monoxide (CO) 

emissions 

The possible rise in noise, UHC (unburned hydrocarbon), and CO emissions is the main barrier 

for HCCI operation. In comparison to CI engines, UHC and CO emissions from HCCI engines are 

considerably higher [91]. At lower engine loads, HCCI combustion releases low NOx and PM 

emissions, but comparatively high UHC and CO emissions at low to medium loads, and also high 

NOx emissions at high loads. The burning of either rich or extremely lean stoichiometric mixtures 

produces UHC and CO emissions in an IC engine. Temperature limits inflammability in lean 

mixtures, while a shortage of oxidants in the combustion chamber in rich mixtures [25]. UHC and 

CO are produced in large amounts by the lean operation of the HCCI combustion. In HCCI 

engines, unburned hydrocarbon emissions are mostly caused by incomplete fuel oxidation 

resulting from an excess oxidant that is ready for ignition. The top ring land crevice of the 

combustion chamber is the primary source of UHC production. Along the midline, bowl/central 
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clearance volume, and squish volume, unburned UHC regions can be seen [92]. To overcome the 

problem of high UHC and CO emissions, especially at low loads, emission control systems and 

control strategies must be developed. Where fuel optimization was not applied, exhaust emission 

control devices are required in most conditions to control UHC and CO emissions from HCCI 

engines. CO is not entirely oxidized to carbon dioxide (CO2) due to the lower combustion 

temperatures, and for complete oxidation, it needs above 1177 ℃ temperatures. CO emissions 

drop as the premixing ratio, fuel-air ratio, and load increase [93]. Increasing the inlet air 

temperature [94] and compression ratio [95] can simultaneously reduce UHC and CO 

emissions.  Catalyst technology has been used in automobiles for many years to reduce HC and 

CO emissions. It is therefore anticipated that to fulfill future UHC and CO environmental 

regulations, oxidation catalysts will be needed to regulate tailpipe emissions from HCCI engines 

with low-temperature steam exhaust [93]. In comparison to NOx and PM emission control devices, 

UHC and CO emission control devices are easier, more reliable, and less dependent on scarce, 

costly precious metals [96]. As a result, In an HCCI engine, oxidation of UHC and CO 

simultaneously is significantly simpler than simultaneous NOx and PM reduction in a CI engine. 

1.7.2 Weak cold-start capability 

For most geographically cold places, the cold start problem in HCCI engines is another challenge. 

Much more research and development are required in the HCCI engine for cold starts. Inlet charge 

temperature affects HCCI ignition, making a cold start problematic [97], and the combustion 

process is difficult without thermal inertia, and small changes modify combustion phasing 

dramatically. Additionally, the initial temperature necessary for self-ignition changes depending 

on the fuel characteristics and operating parameters. When starting an HCCI engine from a cold 

start, the compressed-gas temperature will be decreased due to a lack of preheating from the inlet 

manifold and fast cooling via transfer of heat to the walls of the cold combustion chamber. Low 

compressed charge temperatures, in the absence of a compensation technique, may prohibit an 

HCCI engine from burning. Take full advantage of HCCI engines, achieving cold start operation 

at both low and high loads is essential. 

Researchers have used several successful strategies to overcome the weak cold start performance 

of HCCI engines. A frequently proposed solution is to use a dual-mode (SI-HCCI / CI-HCCI) 

technology, in which the engine initiates in the SI / CI mode at quite higher and lower load 
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conditions due to dilution restrictions, and after a short warm-up period then switches to the HCCI 

mode. Increasing the compression ratio with variable compression ratio (VCR), or variable valve 

timing (VVT), switching to a different fuel or fuel additive, and installing glow plugs are some of 

the other proposed solutions. Using Spark Assisted Compression Ignition (SACI) technology as a 

bridge between SI and HCCI engines could be a practical solution [98]. It is just as crucial to have 

a strong HCCI combustion at very low loads with complete HCCI advantages in fuel performance 

and emissions as it is to extend HCCI operation to high load conditions. To enhance these 

technologies and prepare them for manufacturing engines, significant research and development 

will be needed [99]. 

Fig. 1.16. Limited and Extended operating range of HCCI engine [100] 
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1.7.3 Limited power output 

The limited power output in HCCI engines is another big challenge. In comparison to conventional 

engines, the HCCI engine has a limited operating range (as shown in Fig. 1.16), which represents 

a significant commercialization challenge. The auto-ignition characteristics of fuel and engine 

geometry have a major impact on the operating range. At intermediate loads, HCCI combustion 

has been shown to work effectively, however, at low and high loads, problems have arisen. 

Because of the low energy emitted per combustion cycle, auto-ignition of the charge is challenging 

at low load conditions, making it challenging to keep the combustion chamber at a high 

temperature. During extremely lean HCCI operation, flammability limits the fuel-air mixture. The 

combustion process becomes quite fast and powerful when the engine is at a higher load, causing 

a rapid rise in temperatures and pressures in the combustion chamber, resulting in undesirable 

noise, potential engine failure, and finally intolerable NOx emissions [101]. Hence, its thermal 

efficiency declined dramatically, while UHC and CO emissions increased [102]. To avoid 

excessive noise or engine damage, more study is needed to develop solutions that decrease the rate 

of heat release during higher-load operation. At the speed of 1000–1500 rpm, the knock limitation 

BMEP (Brake Mean Effective Pressure) of naturally aspirated HCCI engines is around 5 bars 

[65,103,104,105]. Due to the risk of severe knocking, HCCI engines cannot be operated at higher 

loads when the BMEP exceeds 5 bars. 

Numerous efforts have been attempted to increase the operating range of HCCI engines in both 

the low and high-load regions. The intake air pressure must be increased when the high load region 

is extended. Both, Turbochargers [106] and superchargers [107] can be used to increase the intake 

air pressure. In this regard, Hyvönen et al. [108] found that when compared to superchargers, 

turbochargers indicated a 32–97% rise in BMEP. On the other hand, Olsson et al. [109] observed 

that the inlet air pressure was increased from 1 to 3 bar when the supercharger was used. 

Therefore, the BMEP penalty for HCCI engines could be more significant than the actual pressure 

increment caused by parasitic losses. A residual gas trapping approach with cooled EGR [110] and 

2-stroke operation in 2-stroke/4-stroke switching engines [111] are two further solutions that have 

been proposed. It is also possible to extend the low-load region by using a spark [111-114], a dual-

mode engine, or by decreasing coolant temperature [115]. 

1.7.4 The difficulty in combustion phasing control  
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The control of combustion phasing is one of the most challenging aspects of HCCI combustion. 

In comparison with traditional combustion, there is no direct technique for controlling the start of 

combustion, including a fuel injector in CI engines or spark plug in SI engines. Rather, a 

homogeneous air-fuel mixture is prepared, and the auto-ignition chemistry of the fuel-air mixture 

determines when combustion starts. Chemical kinetics drive HCCI combustion, which is regulated 

by fuel physicochemical characteristics and also the temperature history of the air-fuel mixture, as 

is widely recognized. In order to determine combustion phasing in HCCI engines, it is necessary 

to consider the following factors [66, 116]: fuel auto-ignition properties, fuel composition, 

compression ratio, intake temperature, combustion period and rate of residual, as well as reactivity 

and amount of EGR, fuel's latent heat of vaporization, homogeneity of the mixture, and wall 

temperatures, engine temperature, and transfer of heat to the engine, and speed of the engine and 

other engine related variables.  Hence, the most difficult challenge is to control HCCI combustion 

across a wide operating range and loads. Engine efficiency and power output are affected by 

combustion control, which is the most significant factor to be considered. Chemical kinetics 

governs HCCI combustion, according to the majority of researchers [117-119]. It should also be 

highlighted that poor combustion control has a significant impact on engine behavior [120]. If the 

auto-ignition occurs too early before TDC, rapid reactions will occur, resulting in high peak 

combustion and an increased pressure rate. As a consequence, there is a decrease in power 

efficiency, as well as an increase in NOx emissions and severe engine damage. If the auto-ignition 

happens too late after TDC, the combustion duration will be prolonged, and there will be 

substantial cycle-to-cycle changes in the combustion, which will cause the misfiring of the engine, 

and causing the engine to stall. Very late HCCI combustion helps in increasing fuel usage while 

increasing UHC and CO emissions exponentially. 

Many solutions for regulating HCCI combustion timing and helping to extend the load range have 

been examined, with varying degrees of success. The majority of these solutions fall into the 

following classes: mixture dilution, fuel property modification, in-cylinder direct fuel injection, 

and quick thermal management. Because of the intricate and highly interrelated nature of the HCCI 

combustion challenge, numerous researches addressing HCCI control use multiple methods [121]. 

In HCCI engines, there are many methods of controlling the combustion phase, including 

modifying two or more fuels [122-124], fuel additives and reforming [125-127], fuel stratification 

[105, 128, 129], variable valve timing (VVT) method or residual/exhaust gas trapping [130-132], 
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variable compression ratio (VCR) method [133-135], variable EGR method [136,137], modifying 

inlet temperature [138,139] variable coolant temperature [140], water injection [141], In-cylinder 

injection timing [142-144]. 

1.7.5 Homogeneous mixture preparation 

The main key element of an HCCI engine is the homogenous charge preparation. The achievement 

of a good homogeneous mixture determines the performance and emission parameters. For getting 

maximum fuel efficiency, lowering UHC, NOx, and PM emissions, and eliminating oil dilution, 

impactful homogenous mixture preparation, eliminating wall impingement, and increasing fuel 

vaporization and air mixing are important. This is especially crucial for HCCI combustion with 

low volatility diesel fuel. In internal combustion, preparing a homogeneous mixture is a 

challenging task. Because of the short duration of the thermodynamic cycle [90], the period 

required to prepare a homogenous mixture for combustion is substantially shorter. In-cylinder 

injection and external mixture are the two methods for preparing homogeneous mixtures. Oil 

dilution is the fundamental drawback of in-cylinder mixtures, while volumetric efficiency is low 

with external mixtures. The homogeneity of a mixture cannot be determined directly [145]. In 

order to overcome the homogeneous charge preparation challenge, investigators have used a 

number of popular methods. There may be solutions to the homogenous mixture challenge 

with early in-cylinder injection with highly developed fuel injectors for diesel fuels [146,147] or 

fuel injection in a very turbulent port flow for gaseous and extremely volatile fuels [148,149]. The 

ignition delay period and fuel injection timing are the two most important factors in determining 

the homogeneity of the mixture in fuel injection. As a way of illustrating this challenge, authors 

have introduced the term degree of homogeneity (β). The ratio of the extent to conventional 

homogeneity can be used to define the degree of homogeneity. The homogeneity of the mixture 

decreases when fuel is injected closer to the TDC region, as seen in Fig. 1.17. An effectively 

homogeneous mixture is produced by HCCI with port fuel injection (PFI), but late fuel injection 

produces a more heterogeneous mixture than traditional CI injection. Only by raising the duration 

for mixture preparation can the degree of homogeneity of the air-fuel mixture be significantly 

enhanced. 
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Fig 1.17. Variation of homogeneity with different injection strategies. 

1.8 The Significance of Exergy Analysis  

The science of thermodynamics has developed with the objective of understanding the 

interrelations between thermal, mechanical, and chemical phenomena. The study of process 

effectiveness of energy systems is one of the main applications of engineering thermodynamics. 

Traditional techniques to investigate the effectiveness (or efficiency) of an energy system are based 

on the first law of thermodynamics; i.e., the energy balance equation. Energy balance techniques 

do not differentiate between the different grades of energy crossing the system boundary and treat 

all forms of energy equivalently [150]. For example, from a first law perspective, in a power plant 

working based on the Rankine cycle, the work output from the turbine is treated equivalently to 

the heat transfer to the environment from the condenser. In other words, the low grade thermal 

energy rejected in a condenser of a power plant and the high grade work output of the turbine have 

the same quality based on the first law of thermodynamics. Moreover, the energy balance does not 

provide any information about internal losses. Considering only the energy balance in 

thermodynamic analyses could be potentially misleading in the sense that an adiabatic system such 

as a heat exchanger (with only internal heat exchange), a throttling valve, or a combustion chamber 
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may be interpreted as free from losses. The first law of thermodynamics has been used for a long 

time for investigation of different energy systems [151-153]. By neglecting the kinetic and 

potential energies inside a system, the first law of thermodynamics for an open system can be 

written as [154]: 

𝑑𝑈

𝑑𝑡
= 𝑄̇0 + 𝑄̇ℎ𝑡 − 𝑃

𝑑𝑉

𝑑𝑡
+ ∑𝑚̇𝑖𝑛ℎ𝑖𝑛 − ∑𝑚̇𝑜𝑢𝑡ℎ𝑜𝑢𝑡                                                                      (1.6) 

where, U is the internal energy, V is the volume and h is the specific enthalpy of the flow entering 

(subscript in) and exiting (subscript out) the system, 𝑄̇0 is the heat transfer interaction of the system 

and environment (a suitably idealized system), and 𝑄̇ℎ𝑡 shows the rest of the heat transfer 

interactions of the system with other systems. In the present work, the environment is defined as 

temperature of 25°C (𝑇0), pressure of 1 bar (𝑃0) and is assumed to be composed of O2, N2, CO2, 

H2O with the mole fractions of 𝑥0,𝑂2 =  0.2035, 𝑥0,𝑁2 = 0.7567, 𝑥0,𝐶𝑂2= 0.0003, 𝑥0,𝐻2𝑂 = 0.0303, 

𝑥0,𝑜𝑡ℎ𝑒𝑟 = 0.0092 [155]. The second law of thermodynamics, on the other hand, provides a strong 

foundation to quantify the “quality” of energy transfers and thermodynamic irreversibilities in an 

energy system or process. For example, the isentropic efficiency is a metric based on the second 

law of thermodynamics than can address the irreversibilities associated with (adiabatic) turbines, 

compressors, pumps or nozzles. It compares the actual performance of a device with what would 

be achieved under idealized circumstances for the same inlet conditions [156]. For instance, the 

isentropic efficiency of a turbine can be defined as the ratio of the actual work output of the turbine 

and the maximum work output for reversible adiabatic (i.e., isentropic) expansion of its working 

fluid. The second law of thermodynamics can also explain why some processes occur 

spontaneously while others do not do so. One implication of the second law is that the total entropy 

of a system and its surroundings after any process either remains the same (at best) or increases. 

For ideal (reversible) processes, the total entropy of the system and its surroundings remains the 

same [157]. For decades, the second law has been used for comparison of irreversibilities in 

different energy systems [158-160]. The second law of thermodynamics for an open system can 

be written as [154]: 

𝑑𝑆

𝑑𝑡
=
𝑄̇0

𝑇0
+
𝑄̇ℎ𝑡

𝑇𝑏
+ ∑𝑚̇𝑖𝑛𝑠𝑖𝑛 − ∑𝑚̇𝑜𝑢𝑡𝑠𝑜𝑢𝑡 + 𝑆̇𝑔𝑒𝑛                                                                         (1.7) 
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where, s is the specific entropy of the flow entering or exiting the control volume, S is the total 

instantaneous entropy inventory in the control volume, 𝑆̇𝑔𝑒𝑛 is the rate of entropy generation within 

the control volume, and subscripts “0” and “b” indicate the environment and boundary, 

respectively. As long as two systems at different thermodynamic states are in contact with each 

other, the opportunity for extracting work exists. Exergy is defined as the maximum theoretical 

useful work obtained from a combined system consisting of a system of interest and an exergy 

reference environment. In other words, exergy is defined as the maximum work obtainable from a 

system when it interacts reversibly with the environment. Availability is defined as the maximum 

work that is available in a system or a flow [154]. Therefore, exergy of a system or flow is the 

difference between the non-flow availability of the system and the environment. Non-flow 

availability (A) and flow availability (b) can be obtained by combining the first and second laws 

of thermodynamics. Therefore, 𝑄̇0 can be extracted from Eq. (1.7) and substituted in Eq. (1.6), and 

arranged to find work output of the system as follows: 

𝑃
𝑑𝑉

𝑑𝑡
=
𝑑(𝑈−𝑇0𝑆)

𝑑𝑡
+ (1 −

𝑇0

𝑇𝑏
) 𝑄̇ℎ𝑡 + ∑𝑚̇𝑖𝑛(ℎ𝑖𝑛 − 𝑇0𝑠𝑖𝑛) − ∑ 𝑚̇𝑜𝑢𝑡(ℎ𝑜𝑢𝑡 − 𝑇0𝑠𝑜𝑢𝑡) − 𝑇0𝑆̇𝑔𝑒𝑛   (1.8)  

To complete the above equation, 𝑃0
𝑑𝑉

𝑑𝑡
 which is the amount of work transferred to the environment 

should be subtracted from the useful system work:  

(𝑃 − 𝑃0)
𝑑𝑉

𝑑𝑡
=
𝑑(𝑈+𝑃0𝑉−𝑇0𝑆)

𝑑𝑡
+ (1 −

𝑇0

𝑇𝑏
) 𝑄̇ℎ𝑡 + ∑𝑚̇𝑖𝑛(ℎ𝑖𝑛 − 𝑇0𝑠𝑖𝑛) − ∑ 𝑚̇𝑜𝑢𝑡(ℎ𝑜𝑢𝑡 − 𝑇0𝑠𝑜𝑢𝑡) −

𝑇0𝑆̇𝑔𝑒𝑛                                                                                                                                           (1.9) 

According to Eq. (1.9), 𝑈 + 𝑃0𝑉 − 𝑇0𝑆 is non-flow availability and ℎ − 𝑇0𝑠 is the flow 

availability. The difference between availabilities of a system or flow at their given conditions and 

at environmental conditions provides the exergy of the system or flow. By knowing exergy of 

different components of a process or whole plant, the exergy balance equation can be developed 

to find different terms such as exergy destruction (irreversibilities) or exergy lost due to heat 

transfer. Therefore, exergy analysis of a process or a whole plant can quantify the available work 

that has been lost by thermodynamic irreversibilities in various parts of the process or the plant. 

Over the past several decades, exergy analysis has been used for recognizing the source 

irreversibilities in different energy systems and quantifying the maximum work output of different 

energy systems [161-164]. Internal combustion engines are among the most ubiquitous prime 
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movers in the world but there is still significant potential to increase the fuel conversion efficiency 

(FCE) of IC engines. Exergy analysis can provide a detailed understanding of the maximum 

potential work output of an IC engine by quantifying the exergy distributions among the various 

processes occurring during an engine cycle. 

1.9 Relevance of exergy analysis to IC engines  

Increasing the FCE of IC engines continues to be one of the primary challenges faced by engine 

designers. In particular, the heavy-duty trucking industry is faced with a new paradigm of 

demonstrating engine technologies to achieve 55% brake thermal efficiency (BTE) for future 

heavy-duty diesel engine trucks under the aegis of the US Department of Energy’s ongoing 

SuperTruck II program [165]. To achieve the difficult target of 55% brake FCE, it is necessary to 

exploit as much of the fuel’s chemical exergy that is provided to the engine. Exergy analysis is a 

useful analytical method that can quantify the crank angle resolved exergy flow within a complete 

engine cycle. This is especially important during the closed portion of the engine cycle from intake 

valve closure (IVC) to exhaust valve opening (EVO) when most of the thermodynamic 

irreversibilities occur. On the other hand, engine exhaust flows also contain a significant portion 

of fuel exergy that has the potential to be exploited via waste heat recovery to increase the overall 

work output of an engine. Exergy analysis of IC engines can provide unique information about the 

various sources of irreversibilities. In fact, one of the primary goals of exergy analysis is to devise 

strategies to minimize exergy destruction during engine operation. This might be achieved by 

changing the engine operating conditions and the combustion process, once the sources of exergy 

destruction are known. Beside providing avenues for minimizing exergy destruction, exergy 

analysis can also help quantify other portions of fuel exergy that are lost with exhaust flow and 

heat transfer. Reducing engine heat transfer has been considered as an efficiency improvement 

strategy in IC engines in the past [166-167]. However, exergy analysis can provide quantitative 

information about the actual fraction of fuel exergy that is lost with the heat transfer process so 

that engine designers can determine if targeting engine heat transfer reduction is really worthwhile. 

Exhaust flows account for a significant fraction of the fuel exergy but they can be partially 

recovered to augment overall engine work output. As part of the portfolio of strategies being 

considered to enable high FCE operation, various waste energy recovery (WER) systems are 

significant. Exergy analysis of in-cylinder phenomena can provide a general overview about the 
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portion of fuel exergy in the exhaust flow. Exhaust WER is an important, practically feasible FCE 

improvement strategy and a detailed thermodynamic analysis of exhaust exergy flows is needed 

to inform the design of exhaust WER systems. Understanding different components of exhaust 

exergy flow can help increase the work output of exhaust WER systems, which in turn, leads to 

higher overall engine efficiency. By definition, the thermal and mechanical components of exergy 

are attributed to the temperature and pressure differences, respectively, between the system and 

the environment [154] and both exergy components may be relevant for the purposes of exhaust 

WER. A combination of in-cylinder and exhaust exergy analyses can help with potentially 

increasing the overall FCE of IC engines by changing engine operating conditions to minimize in-

cylinder exergy destruction and to increase exhaust exergy, as needed. 

1.10 Research Objectives and Thesis Overview 

The aforementioned exergy analysis approaches have been found as the most relevant techniques 

for increasing the fuel to energy conversion efficiency of internal combustion (IC) engines. Exergy 

analysis provides a detailed understanding of the flow of different exergy components inside the 

cylinder and also reveal how various operative conditions can affect the destruction of exergy, 

exergy accompanied by the engine exhaust gases and energetic output of an engine. While 

minimizing in-cylinder irreversibilities can potentially be achieved by changing the operating 

conditions to alter the combustion process, exhaust exergy analysis and recovery is required to 

maximize the overall energetic output of the engine. This can be accomplished by understanding 

how different waste to energy generation systems exploit different portions of exergy accompanied 

by the exhaust gases. Also, it should be noted that application of waste to energy system in an 

engine affects the exhaust back pressure which results in different distributions of exhaust exergy 

and energetic output of the engine.  

The present research investigation provides a promising methodology to increase the energetic 

output and fuel to energy conversion efficiencies of IC engine. The specific objectives of the 

present thesis are to:  

1. Develop and perform a comprehensive exergy analysis of in-cylinder phenomena and other 

associated components of an IC engine operating on an advanced combustion technology (i.e., 

homogeneous charge compression ignition engine (HCCI).  



40 

 

2. Introduce and implement a combined, traditional energy analysis, computational exergy analysis 

methodology of exhaust flows to recover the enthalpy and exergy of engine exhaust gases for 

additional energy generation (power and cooling, simultaneously).  

Fig. 1.18 shows graphically the specific objectives of the present thesis: 

 
 

Fig. 1.18 Specific objectives of the present study  

In this regard, the present thesis is organized as follows:  

• In Chapter 2, a framework for quantifying in-cylinder exergy transformations in IC 

engines is developed. The exergy analysis, study of variation of exergy components, and 

investigation of the effect of operating conditions on in-cylinder exergy distribution and 

irreversibilities are then carried out using a previously validated thermodynamic model of 

a wet-ethanol fueled HCCI engine. Finally, the practical application of exergy analysis for 

an HCCI engine is explained and implemented, with an exhaust waste energy recovery 

system consisting of an ORC combined with an ERC for converting a significant portion 

of the exhaust heat of a wet-ethanol fueled engine into useful power and cooling to meet 

a variety of consumer demands in a sustainable manner. The results of this study have 

been published in the Energy Journal of Elsevier Publications [Mohd. Asjad. Siddiqui, 
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Abdul Khaliq, Rajesh Kumar (2021) “Proposal and analysis of a novel cooling-power 

cogeneration system driven by the exhaust gas heat of HCCI engine fueled by wet-

ethanol” Energy, Vol. 232, pp. 120954 (Impact Factor: 7.14)] 

• In Chapter 3, an attempt was made for the proposal and analysis of a novel combined cycle 

consists of a wet-ethanol fueled and turbocharged HCCI engine coupled to ERC and ARC 

for the simultaneous generation of two distinct outputs namely power and refrigeration. A 

newly developed thermodynamic model was applied to investigate the performance of 

combined cycle and also ERC versus ARC output was compared and assessed after 

altering operating parameters. The results of this study have been published in the Journal 

of ASME Transactions [Mohd. Asjad Siddiqui, Abdul Khaliq, Rajesh Kumar (2022) 

“Thermodynamic and comparative analysis of ERC and ARC integrated wet-ethanol 

fueled HCCI engine for cogeneration of power and cooling” Transactions of ASME: 

Journal of Thermal Science and Engineering Applications, Vol. 14, pp. 041003-1, USA 

(Impact Factor 1.47)]. 

• In Chapter 4, a novel energy recovery technology for effectively utilizing the thermal 

exhaust of natural gas fueled HCCI engine was developed and assessed. In this technology, 

a two-phase ejector was combined with the natural gas fueled engine for the simultaneous 

production refrigeration and air conditioning (for food preservation and cabin cooling). 

The effect of equivalence ratio, engine speed, condenser temperature, refrigeration 

evaporator temperature, air conditioning evaporator temperature, and type of refrigerant 

employed in the ejector cooling cycle on the energetic and exergetic performances of the 

combined cycle was ascertained. The results of this study have been published in in the 

ASME Journal of Energy Resources Technology [Abdul Khaliq, Bandar. A. 

Almohammadi, Mathkar A. Alharthi, Mohd. Asjad. Siddiqui, Rajesh Kumar (2021) 

“Investigation of a combined refrigeration and air conditioning system based on two-phase 

ejector driven by exhaust gases of natural gas fueled homogeneous charge compression 

ignition engine” Transactions of ASME: Journal of Energy Resources Technology, Vol. 

143 pp. 120911, USA (Impact Factor: 2.90)].  

• Chapter 5 provides a summary of significant findings and conclusions from the present 

research, and also provides recommendations for future research work. 
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Chapter 2 

Proposal and analysis of a novel cooling-power cogeneration system 

driven by the exhaust gas heat of HCCI engine fuelled by wet-ethanol 

 

2.1 Introduction 

Rapid consumption of traditional fuels to meet the increasing energy demand and associated 

environmental problems resulted in the search for alternative fuels. Ethanol as a renewable and 

oxygenated fuel has been found a promising option as it provides a high rate of combustion 

efficiency and reduces pollutant emissions. Ethanol is likely to produce from various agricultural 

products like corn and sugarcane. In the United States, corn has been considered as the most 

traditional source of ethanol production and it is reported that around 37% of total energy input is 

spent in driving away water from ethanol via distillation and dehydration processes [168]. Direct 

use of ethanol-water mixture (wet-ethanol) in combustion engines by eliminating the energy 

consumed in the removal of water may appreciably increase the net energy gain, from 21% to 55% 

[60]. Prior studies [169, 170] established that wet-ethanol is not suited to internal combustion 

engines operated in conventional modes of combustion like spark ignited (SI) and compression 

ignited (CI) and hence a modified mode of combustion is required for the best use of wet-ethanol 

in engines. Homogeneous charge compression ignition (HCCI) combustion is an emerging 

technology where the best characteristics of CI and SI engines are combined and such engines 

utilized premixed and lean fuel-air mixture at high compression ratio which drastically reduces the 

emissions of PM and NOx while providing a higher thermal efficiency [149, 171].  



43 

 

Energy analyses applied to internal combustion engines discovered that only 30-40% of fuel 

energy input to the engine is transformed into power and the rest is rejected as waste enthalpy to 

the atmosphere via engine exhaust and cooling system [172-174]. Recovery of high-temperature 

waste energy for useful energy generation is of great significance. Additional generation of cooling 

and power through engine exhaust heat as input is expected to provide economic benefits and to 

increase the energy utilization efficiency.   

Among the technologies found suitable and widely applied to utilize the waste heat of moderate 

temperature, thermal energy sources are the ORC (organic Rankine cycle) which has been 

receiving considerable attention due to better efficiency, reliability, and flexibility [175-177].  

Many investigations concerning the performance analysis of organic Rankine cycles utilized to 

recover the low-grade waste heat are reported [178-180]. Further, Tchanche et al. [181] analyzed 

the maturity of ORC for its existing applications in engine heat recovery. Srinivas et al. [182] 

estimated the waste heat potential accompanied by exhaust gases of combustion engines operated 

in dual fuel mode using the ORC. They observed an improvement of 7 percentage points in the 

fuel conversion efficiency for all loads. Vaja and Gambarotta [183] presented the evaluation of 

extra power achievable by employing the vapor power cycle at the engine exhaust when it is 

operated at full load. They determined that power produced through waste heat recovery may be 

reutilized in the engine propulsion which will reduce the fuel consumption and environmental 

impact. 

Following the advantages of exergy analysis over the energy methodology, Khaliq et al. [184] 

carried out a new investigation based on second-law theory applied to HCCI engine fuelled by 

wet-ethanol. They observed the effect of turbocharger pressure ratio and ambient temperature on 

both first and second-law efficiencies of the engine by evaluating the exergy destruction in each 
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component to determine its real performance. Saxena et al. [185] presented the exergy analysis of 

homogeneous charge compression ignition (HCCI) engines dealing with a breakdown of mixture 

exergy and exergy destroyed. Exergy analysis applied to a multi-zone HCCI simulation was 

validated against engine experiments for ethanol-fuelled operation. Further, Khaliq and Trivedi 

[186] have studied a wet-ethanol fuelled HCCI engine bottoming with the organic Rankine cycle 

for exhaust heat recovery and performed the computational analysis based on the first and second 

laws of thermodynamics. 

Comfortable journey with commercial vehicles requires an air conditioning system whose 

compressor is driven by a pulley connected to the engine shaft which creates a major parasitic load 

on the engine and it is estimated that, on average, engine shaft driven air conditioning increases 

the fuel consumption of vehicle by 20% [187]. An important development in the direction of 

reducing this parasitic load has been the use of vapor absorption refrigeration cycles which are 

heat-driven and are environment friendly but the obligatory standards concerning the weight of the 

empty vehicle disregard the use of absorption refrigeration systems as they are bulky, expensive 

and complex in design. To surmount this limitation, ERC (ejector refrigeration cycle) is found to 

be a promising option as it eliminates the use of CFCs and shaft-driven compressors. Moreover, 

ejectors are more compact and easier to maintain than compression and absorption cooling systems 

[188, 189].  In this context, an organic Rankine cycle combined with the ejector is considered to 

be the most potential solution for engine waste heat recovery. Very few investigations on exergy 

analysis of ORC combined with the ejector cooling are reported [190-192]. As mentioned above, 

many examples exist in the literature concerning the ORC coupled to internal combustion engines 

for efficient exploitation of the waste heat accompanied by exhaust gases. Some investigators 

focussed on the use of absorption refrigeration cycle, and the combination of ORC with the ejector 
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refrigeration system for engine exhaust heat recovery is found [193, 194]. Very little information 

is available concerning the application of ORC combined with the ERC for converting a major 

part of the exhaust heat of an alternative fuelled engine into useful power and cooling to meet the 

diverse consumer’s demands sustainably. Therefore, investigation and employment of the new 

cooling-power cogeneration cycle that conjoin the condenser and generator of ORC and ERC 

through components integration for the recovery of waste heat carried by the exhaust gases of 

HCCI engine running on wet-ethanol is novel and worth studying.  

The following aspects reflect the novelty of this work: 

1- The organic Rankine cycle (ORC) integrated with the ejector refrigeration cycle (ERC) is 

developed to make efficient use of the exhaust heat of a wet-ethanol fueled HCCI engine 

through the simultaneous generation of power and cooling energy. 

2- A mathematical model is formulated and a thermodynamic assessment is carried out using 

the Engineering Equation Solver (EES) software to evaluate the best possible design 

parameters and configuration to achieve the maximum energetic and exergetic 

performance of the combined thermal system. 

In this study, a parametric study has been conducted to examine the role of various design 

parameters such as; turbocharger pressure ratio, turbocharger compressor efficiency, vapor 

generator temperature, entrainment ratio of ejector, ERC evaporator pressure, motive flow degree 

of superheat, and a rise in ambient temperature on the thermal and exergy efficiencies of wet-

ethanol fuelled HCCI engine integrated to ORC combined with ERC. The effect of altering these 

operative parameters was also ascertained on the net power output of the combined system and its 

cooling capacity as well as on the exergy of refrigeration.  
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2.2. Description of the proposed work 

A detailed description of the proposed cogeneration cycle may be illustrated as shown in Fig. 2.1 

and can be described as: compressed air at (state 2) enters the fuel-air mixer where wet-ethanol 

(state 4) is injected and vaporizes to form a homogeneous mixture of ethanol-water-air which 

enters the HCCI engine (state 5) for combustion. Exhaust gases of the engine are directed to the 

catalytic converter (state 6) at a high temperature and exiting the converter at a higher temperature 

with less harmful gases which enter the turbine (state 7) after leaving the convertor and generate 

power to drive the turbocharger. The turbine exhaust through the regenerator is delivered to the 

boiler of ORC (state 9) for vaporizing the refrigerant. The vaporized refrigerant enters the ORC 

turbine (state 19) and generates additional power to compensate for parasitic losses to some extent. 

The refrigerant turbine exhaust enters the conjoining heat exchanger (HE) (state 20) which 

simultaneously acts as a condenser for ORC and boiler/generator for ERC. The low-pressure liquid 

is pumped back to the vapor generator (state 22) to complete the ORC for additional power 

generation (𝑊̇𝑇2). The high-pressure refrigerant after vaporizing in the HE is directed to the ejector 

as motive stream (state 11) and entrains the superheated vapor of lower pressure from the 

evaporator (state 16) into the ejector where the two streams mixed where a supersonic stream is 

formed which passes through a constant area section where normal shock wave occurs, with a 

significant pressure rise. The velocity of the mixed stream after the shock changes to subsonic and 

decelerates in the diffuser. The mixed stream from the ejector exit enters the condenser of ERC at 

(state 12) where the process of heat rejection to the ambient occurs. The saturated liquid leaving 

the condenser (state 13) is divided into two parts. One part enters the throttling valve (state 14) 

and then to the evaporator (state 15) to produce the required refrigeration (𝑄̇𝑟𝑒𝑓) for cooling 



47 

 

customers. The remaining liquid is back to HE through the pump (P1) (state 18) to complete the 

ERC.  

 

Fig. 2.1. System layout of wet ethanol operated HCCI engine based cooling-power cogeneration 

2.3. Working fluid thermodynamic properties 

In the ideal engine cycle, the working fluid for processes that occurs in the cylinder is considered 

simply as air. However, in actual cycles, the working fluid consists of several gaseous species. 

The specific heat of gases varies with temperature in real engine application, and its variation with 

pressure is negligible. In the present model of molar specific heat 𝐶𝑝̅(𝑇) variation with 

temperature, the coefficients (a1-a5) for each species, are taken from literature in the range of 

temperature from 300K to 3000K [195] 
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𝐶𝑝̅(𝑇) = 𝑅̅(𝑎1 + 𝑎2𝑇 + 𝑎3𝑇
2 + 𝑎4𝑇

3 + 𝑎5𝑇
5)                                                                               (2.1) 

The enthalpy and entropy of the gaseous species i in terms of specific heat capacity may be 

expressed as below [196]                                                                                                                                                                                                                                                                                                        

ℎ̅𝑖(𝑇) = ℎ𝑖̅(𝑇0)
+ ∫ 𝐶𝑝̅𝑖

(𝑇)𝑑𝑇
𝑇

𝑇0
                                                                                                     (2.2)                                                              

𝑠̅𝑖 (𝑇,𝑝) = 𝑠̅𝑖(𝑇0,𝑝0)
+ ∫

𝐶̅𝑝𝑖
(𝑇)

𝑇

𝑇

𝑇0
𝑑𝑇 − 𝑅̅𝑙𝑛 (

𝑦𝑖𝑝

𝑝0
)                                                                                    (2.3) 

The intake air, combustion products, and engine exhaust gases are considered to be a mixture of 

various species. Below are the equations which can be utilized for the computation of molar 

specific enthalpy, molar specific entropy, and Molecular mass of the mixture [196]. 

ℎ̅𝑚𝑖𝑥(𝑇) = ∑ 𝑦𝑖ℎ̅𝑖(𝑇)
𝑛
𝑖=1 ;          𝑠̅𝑚𝑖𝑥(𝑇,𝑃) = ∑ 𝑦𝑖𝑠̅𝑖(𝑇,𝑃) 

𝑛
𝑖=1 ;            𝑀𝑚𝑖𝑥 = ∑ 𝑦𝑖𝑀𝑖

𝑛
𝑖=1                    (2.4) 

In the present analysis, the fuel-air mixture is stoichiometric because ethanol containing w ater 

obtain all the required dilution. The combustion equation for burning wet-ethanol in the HCCI 

engine can be considered as below [184].  

𝐶2𝐻5𝑂𝐻 + 6𝐻2𝑂 + 3(𝑂2 + 3.77𝑁2) = 1.8 𝐶𝑂2 + 0.1𝐶𝑂 + 0.05𝐶2𝐻5𝑂𝐻 + 8.85𝐻2𝑂 +

0.2𝑂2 + 11.319𝑁2                                                                                                                         (2.5) 

Unburned hydrocarbons and carbon monoxide which formed as emissions in the HCCI engine can 

be further oxidized by using Pd-loaded 𝑆𝑖𝑂2 − 𝐴𝑙2𝑂3 as the oxidizing catalyst. Assuming the 

complete conversion of unburned fuel and carbon monoxide and the application of mass and 

energy balances, the composition and temperature of gases at the exit of the catalytic converter 

can be determined 

∑ 𝑛𝑒(ℎ̅𝑓
° + ∆ℎ̅)

𝑒𝑃𝑟𝑜𝑑𝑢𝑐𝑡 = ∑ 𝑛𝑖(ℎ̅𝑓
° + ∆ℎ̅)

𝑖𝑅𝑒𝑎𝑐𝑡𝑎𝑛𝑡                                                                           (2.6) 
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Where i refers to the streams inlet to catalytic convertor and e refers to the exiting stream of 

products leaving the converter [186]. The equation for the chemical reaction of engine exhaust 

gases in the catalytic converter is assumed to be as follows: 

1.8 𝐶𝑂2 + 0.1 𝐶𝑂 + 0.05 𝐶2𝐻5𝑂𝐻 + 8.85 𝐻2𝑂 + 0.2 𝑂2 + 11.319 𝑁2 = 2 𝐶𝑂2 + 9 𝐻2𝑂 +

11.319 𝑁2                                                                                                                                 (2.7)                                                                                                                 

2.3.1 Turbocharger compressor 

For a given pressure ratio and considered polytropic efficiency, the temperature of the air leaving 

the compressor can be determined after applying the equation, 

T2 = T1 (
P2

P1
)

(𝛾−1)

𝛾𝜂𝐶                                                                                                                                   (2.8) 

2.3.2 Regenerator 

The performance of the regenerator which preheats the compressed air is determined through its 

effectiveness and is given by 

𝜀ℎ =
[(𝑚̇.c𝑝)2

(T3−T2)]

[(𝑚̇.c𝑝)𝑚𝑖𝑛
(T8−T2)]

                                                                                                                        (2.9) 

The assumption, (𝑚̇. c𝑝)2= (𝑚̇. c𝑝)𝑚𝑖𝑛is taken to estimate the temperature, T3, the air temperature 

at the regenerator exit, and with this relation, it is expressed as 

T3 = T8𝜀ℎ + T2(1 − 𝜀ℎ)                                                                                                                      (2.10) 

The temperature at the regenerator exit is computed by applying the energy balance over it which 

is reported in Table 2.1. 
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2.3.3 HCCI engine 

The premixed ethanol-water mixture leaving the mixer enters the HCCI engine and due to 

operation at a higher compression ratio, the charge is heating up to the level of ignition and 

combustion. But auto-ignition process is observed in the HCCI engine for combustion which is 

controlling through chemical kinetics [184]. The combustion efficiency is considered to be 94%. 

The temperature of the mixture containing the fresh charge and residual gases at the end of the 

engine intake process (𝑖 − 1′) is computed by employing the expression and the ratio of pressure 

for inlet/exhaust is considered to be 1.4 [186]. 

𝑇1′ =
T𝑖(1−𝑓)

1−
1

(𝑛.r𝑐)[
p𝑒
p𝑖
+(𝑛−1)]

                                                                                                                                (2.11) 

Where 1′ signifies the location before the process of compression of fuel-air-residual gas mixture 

and 𝑃1′ = P1 

Polytropic compression stroke (1′ − 2′)  

𝑃2′ = 𝑃1′ (
𝑉
1′

𝑉2′
)
𝑛

= 𝑃1′(r𝑐)
𝑛                                                                                                             (2.12) 

𝑇2′ = 𝑇1′(r𝑐)
𝑛−1                                                                                                                                 (2.13) 

Assuming the heat addition process (2′ − 3′)  as constant volume gives 

𝑇3′ = 𝑇2′ + 𝑞𝑖𝑛(1 − 𝑓)/𝑐𝑣                                                                                                               (2.14) 

𝑃3′ = 𝑃2′ (
𝑇
3′

𝑇2′
)                                                                                                                                   (2.15) 

Expansion stroke (3′ − 4′)  is polytropic and this gives 
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𝑃4′ = 𝑃3′ (
1

r𝑐
)
𝑛

                                                                                                                                    (2.16) 

𝑇4′ = 𝑇3′ (
1

r𝑐
)
𝑛−1

                                                                                                                                 (2.17) 

Polytropic blowdown  (4′ − 5′) 

𝑇5′ = 𝑇4′ (
𝑃
4′

𝑃𝑒
)

(1−𝑛)

𝑛
                                                                                                                               (2.18) 

𝑃5′ = 𝑃𝑒                                                                                                                                                  (2.19) 

The exhaust stroke is assumed to be polytropic and isobaric (5′ − 6′), it gives 

𝑇5′ = 𝑇𝑒                                                                                                                                                   (2.20) 

𝑃6 = 𝑃5′ = 𝑃𝑒                                                                                                                                         (2.21) 

𝑓 =
1

r𝑐
(
𝑃𝑒

𝑃4
)

1

𝑛
                                                                                                                                            (2.22) 

Residual gas fraction (f=0.03) is found to be lower due to the large compression ratio. 

The heat rejection to the environment during the processes of exhaust and blowdown is computed 

by considering 9% loss of heat accompanied by these processes [186]. 

The formulation for calculating the HCCI engine’s chemical exergy may be seen as below 

𝑒𝐻𝐶𝐶𝐼
𝑐ℎ = −∆𝑔 + 𝑅̅T0 {𝑥O2𝑙𝑛

𝑃O2
00

𝑃0
+ 𝑦H2𝑂𝑙𝑛

𝑃𝐻2𝑂
00

𝑃0
− ∑ x𝑘𝑙𝑛

𝑃𝑘
00

𝑃0𝐾 }                                                    (2.23) 

The details of the symbols used in the above equation can be found in Ref. [186]. 
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2.3.4 Turbine 

Exhaust gases after passing through the convertor are expanded over the turbine and the 

temperature at the turbine outlet can be determined by [60] 

T8 = T7 (
P8

P7
)

(𝑛−1)𝜂𝑇
𝑛

                                                                                                                                  (2.24)                                                                                                                                     

2.4. Energy and exergy analyses 

Based on the layout of the system proposed and described in section 2, theory of analysis emerges 

after combining the second laws of thermodynamics with the first law approach is employed to 

carry out the investigations which reveal the insights in the performance of the proposed cooling-

power cogeneration applied to wet-ethanol fueled HCCI engine [184, 185].  

The traditional law of conservation of energy along with the mass conservation principle applies 

to the thermodynamic system operating at a steady state while ignoring the change in kinetic and 

potential energies gives 

Σ𝑚̇𝑖 − Σ𝑚̇𝑜 = 0                                                                                                                          (2.25) 

Σ𝑄̇ −  Σ𝑊̇ +  Σ𝑚̇𝑖ℎ𝑖 −  Σ𝑚̇𝑜ℎ𝑜 = 0                                                                                           (2.26) 

Employment of the detailed thermodynamic theory of wet-ethanol fuelled HCCI engine described 

by Khaliq and Trivedi [186] and Rostamzadeh et al. [197] along with their assumed operative 

conditions, and the consideration of equations leading to conservation of mass and energy, the 

equation of energy balance for each component of the combined cooling-power system was 

developed which are presented in Table 2.1 as below. 
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Table 2.1 Component wise energy balance equations for the combined HCCI engine with ORC 

and ERC 

Component Balance Equations 

Compressor (C) 𝑊̇𝐶 = 𝑚̇𝑎(ℎ2 − ℎ1) 

Regenerator (Reg) 𝑚̇𝑎 (ℎ3 − ℎ2) = 𝑚̇𝑒𝑥ℎ (ℎ8 − ℎ9) 

Fuel vaporizer (FV) 𝑚̇𝑎 ℎ3 + 𝑚̇𝑓ℎ4 = (𝑚̇𝑎  + 𝑚̇𝑓)ℎ5 

HCCI engine (Compression) 

process,1´- 2´ 

(𝑚̇𝑎  + 𝑚̇𝑓 + 𝑚̇𝑟𝑔)(ℎ2´ − ℎ1´) = 𝑊̇𝑐𝑜𝑚𝑝 − 𝑄̇𝑠𝑢𝑟𝑟 

Heat addition process, 2´- 3´ (𝑚̇𝑎  + 𝑚̇𝑓 + 𝑚̇𝑟𝑔)(ℎ3´ − ℎ2´) = 𝑄̇𝐻 

Expansion process,3´- 4´ (𝑚̇𝑎  + 𝑚̇𝑓 + 𝑚̇𝑟𝑔)(ℎ3´ − ℎ4´) = 𝑊̇𝑒𝑥𝑝 + 𝑄̇𝑠𝑢𝑟𝑟 

Blowdown Process, 4´-5´ 𝑚̇𝑒𝑥ℎ ℎ4´ = 𝑚̇𝑒𝑥ℎ ℎ5´ + 𝑄̇𝑠𝑢𝑟𝑟 

Catalytic convertor (CC) ∑ 𝑛𝑒(ℎ̅𝑓
° + ∆ℎ̅)

𝑒
𝑃𝑟𝑜𝑑𝑢𝑐𝑡

= ∑ 𝑛𝑖(ℎ̅𝑓
° + ∆ℎ̅)

𝑖
𝑅𝑒𝑎𝑐𝑡𝑎𝑛𝑡

 

Power turbine (T1) 𝑊̇𝑇1 = 𝑚̇𝑒𝑥ℎ (ℎ7 − ℎ8) 

Vapor generator (VG)                                Q̇𝑉𝐺 = ṁ19(h19 − h22) = ṁ9(h9 − h10)                                                                                                                                        

ORC pump (P2) 𝑊̇𝑃2 = 𝑚̇22 (ℎ22 − ℎ21) 

ORC turbine (T2) 𝑊̇𝑇2 = 𝑚̇19 (ℎ19 − ℎ20) 

Heat exchanger (HE)         Q̇𝐻𝐸 = ṁ19(h20 − h21) = ṁ11(h11 − h18)                                                                                                                                    
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Ejector (Eje) ṁ11h11 + ṁ16h16 = ṁ12̇ h12 

Condenser (Cond) 𝑄̇𝐶𝑜𝑛𝑑 = 𝑚̇12( ℎ12 − ℎ13) 

Expansion valve (EV) ℎ14 = ℎ15 

ERC pump (P1) 𝑊̇𝑃1 = 𝑚̇18 (ℎ18 − ℎ17) 

Evaporator (Evap) 𝑄̇𝑟𝑒𝑓 = 𝑚̇16 (ℎ16 − ℎ15) 

A relatively new thermodynamic property called exergy is used to measure the maximum 

theoretical work that could be delivered by the system after undergoing the reversible transition 

from state considered to dead state. In any gaseous species, it is the summation of chemical and 

physical exergy. Its balance during a process is given by 

𝐸̇𝑥,𝐷 = ∑(1 −
𝑇0

𝑇𝑗
) 𝑄̇𝐶𝑉 − 𝑊̇𝐶𝑉 + ∑𝑚̇𝑖𝑒𝑥,𝑖 − ∑𝑚̇𝑒𝑒𝑥,𝑒                                                                 (2.27) 

Where, 𝑚̇ is the rate of mass rate of the flowing stream; First and the second term on the right-

hand side of Eq. (2.27) refers to the exergy transfer rates by heat and work.  𝐸̇𝑥,𝐷 is the rate of 

exergy destroyed during the process and 𝑒𝑥 is the specific flow exergy which is given by the 

following expression  

𝑒𝑥 = (ℎ − ℎ0) − 𝑇0(𝑠 − 𝑠0)                                                                                                           (2.28) 

Taking the exergy definition in view of assumptions listed, and balances proposed, the equations 

for the determination of exergy destruction in the processes refer to main components of the novel 

configuration of cooling-power cogeneration system are developed and depicted in Table 2.2. 
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Table 2.2 Component wise exergy balance equations for the combined HCCI engine with ORC 

and ERC 

Component Balance Equations 

Compressor (C) Ėx,D,C = ṁ1(𝑒𝑥,1 − 𝑒𝑥,2) + 𝑊̇𝐶  

Regenerator (Reg) Ėx,D,Reg = ṁ2(𝑒𝑥,2 − 𝑒𝑥,3) + ṁ8 (𝑒𝑥,8 − 𝑒𝑥,9) 

Fuel vaporizer (FV) Ėx,D,FV = ṁ3𝑒𝑥,3 + ṁ4𝑒𝑥,4 − ṁ5𝑒𝑥,5 

HCCI engine 

(Compression) process,1´-

2´ 

Ėx,D,comp = ṁ5(𝑒𝑥,1´ − 𝑒𝑥,2´) + 𝑊̇𝑐𝑜𝑚𝑝 − 𝑄̇𝑠𝑢𝑟𝑟 (1 −
𝑇0
𝑇
) 

Heat addition process, 2´-

3´ 
Ėx,D,Heat addition = ṁ5(𝑒𝑥,2´ − 𝑒𝑥,3´) + 𝑄̇𝐻 (1 −

𝑇0
𝑇𝐻
) 

Expansion process, 3´- 4´ 
Ėx,D,exp = 𝑚̇5(𝑒𝑥,3´ − 𝑒𝑥,4´) − 𝑊̇𝑒𝑥𝑝 − 𝑄̇𝑠𝑢𝑟𝑟 (1 −

𝑇0
𝑇
) 

Blowdown Process, 4´-5´ 
Ėx,D,𝑒𝑥ℎ & 𝑏𝑙𝑜𝑤𝑑𝑜𝑤𝑛 = 𝑚̇5(𝑒𝑥,4´ − 𝑒𝑥,5´) − 𝑄̇𝑠𝑢𝑟𝑟 (1 −

𝑇0
𝑇
) 

Catalytic convertor (CC) Ėx,D,CC = ṁ6𝑒𝑥,6 − ṁ7𝑒𝑥,7 + ṁ6𝑒𝑐ℎ 

Power turbine (T1) Ėx,D,T1 = ṁ7(𝑒𝑥,7 − 𝑒𝑥,8) − 𝑊̇𝑇1 

Vapor generator (VG) Ėx,D,VG  = ṁ19(𝑒𝑥,22 − 𝑒𝑥,19) + ṁ9(𝑒𝑥,9 − 𝑒𝑥,10) 

ORC pump (P2) Ėx,D,P2 = ṁ21(ex,21 − ex,22) + 𝑊̇P2 

ORC turbine (T2) Ėx,D,T2 = ṁ19(𝑒𝑥,19 − 𝑒𝑥,20) − 𝑊̇𝑇2 

Heat Exchanger (HE) Ėx,D,HE  = ṁ20(𝑒𝑥,20 − 𝑒𝑥,21) + ṁ11(𝑒𝑥,18 − 𝑒𝑥,11) 

Ejector (Eje) Ėx,D,Eje = ṁ11𝑒𝑥,11 + ṁ16𝑒𝑥,16 − ṁ12𝑒𝑥,12 
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Condenser (Cond)  
Ėx,D,Cond = ṁ12(𝑒𝑥,12 − 𝑒𝑥,13) − 𝑄̇𝐶𝑜𝑛𝑑 (1 −

𝑇0
𝑇𝐶𝑜𝑛𝑑

) 

Expansion valve (EV) Ėx,D,EV = ṁ14(𝑒𝑥,14 − 𝑒𝑥,15) 

ERC Pump (P1) Ėx,D,P1 = ṁ17(ex,17 − ex,18) + 𝑊̇P1 

Evaporator (Evap) 
Ėx,D,ref = ṁ15(𝑒𝑥,15 − 𝑒𝑥,16) − 𝑄̇𝑟𝑒𝑓 (

𝑇0
𝑇𝐸𝑣𝑎𝑝

− 1) 

2.5. Overall performance evaluation criteria 

In general, the performance of a system dealing with energy conversion is evaluated by combining 

the second law of thermodynamics with the first law analysis. Because of the distinction in the 

quality of energy accompanied by cooling and power, the conventional equation of thermal 

efficiency based on the energy balance approach is not suitable for cycles delivering more than 

one type of energy output. For a thermodynamically correct evaluation, the refrigeration capacity 

needs to be weighted differently. One alternative for such a valid evaluation is the employment of 

the COP offered practically by vapor compression refrigeration cycle (𝐶𝑂𝑃𝑐) to weigh the energy 

of refrigeration. In this regard, the most appropriate first law efficiency of the cooling-power 

cogeneration cycle can be shown as [198] 

𝜂𝑡ℎ,𝑐𝑜𝑔𝑒𝑛 =
𝑊̇𝐵𝑇+𝑊̇𝑇,𝑂𝑅𝐶−𝑊̇𝑃1,𝐸𝑅𝐶−𝑊̇𝑃2,𝑂𝑅𝐶+𝑄̇𝑟𝑒𝑓/𝐶𝑂𝑃𝑐

𝑚̇𝑓𝐿𝐻𝑉𝜂𝐶
                                                                  (2.29) 

where, 𝑊̇𝐵𝑇is the brake thermal power, 𝑊̇𝑇,𝑂𝑅𝐶 ,  𝑊̇𝑃2,𝐸𝑅𝐶 , and 𝑊̇𝑃1,𝑂𝑅𝐶 are the power delivered by 

the ORC turbine and the power required by the pumps of ERC and ORC, respectively. 𝑚̇𝑓 is the 

rate of fuel consumption and LHV is the lower heating value of fuel, 𝑄̇𝑟𝑒𝑓 is the rate of cooling 

capacity, and C  is the combustion efficiency. 
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Efficiency based on exergy provides a more effective measure of the cycle performance and this 

can be obtained after applying the second law of thermodynamics and can be expressed as  

𝜂𝑒𝑥,𝑐𝑜𝑔𝑒𝑛 =
𝑊̇𝐵𝑇+𝑊̇𝑇,𝑂𝑅𝐶−𝑊̇𝑃1,𝐸𝑅𝐶−𝑊

̇
𝑃2,𝑂𝑅𝐶+𝐸̇𝑥,𝑟𝑒𝑓

𝑚̇𝑓𝐿𝐻𝑉𝜂𝐶𝜑
                                                                         (2.30) 

where, 𝐸̇𝑥,𝑟𝑒𝑓is the amount of exergy associated with the cooling capacity 𝑄̇𝑟𝑒𝑓 and is given by  

𝐸̇𝑥,𝑟𝑒𝑓 = 𝑄̇𝑟𝑒𝑓 (
𝑇0−𝑇𝐸𝑣𝑎𝑝

𝑇𝐸𝑣𝑎𝑝
)                                                                                                                (2.31) 

Where,  𝑇𝐸𝑣𝑎𝑝 is the evaporator temperature, 𝑇0 is ambient, and   is the ratio of exergy of the fuel 

to its energy.  

The proposed cooling-power cogeneration cycle’s performance was evaluated using the 

Engineering Equation Solver (EES) which is commercially available and provides built-in 

mathematical and thermodynamic property functions for solving the equations describing the 

model developed through balances of exergy, energy, and mass [199]. Every component of the 

system proposed is assumed to be a steady-state control volume, with the transfer of energy by 

heat, work, and mass of fluid enters and leaves. The equations derived after applying the balances 

of mass, energy, and exergy were incorporated to formulate the thermodynamic model. The 

thermodynamic properties of the refrigerant R134a, R290, and R600a used in the ORC and ERC 

were computed after employing the REFPROP V 9.1 [200, 201].  

For the energetic and exergetic analyses of the cooling-power cogeneration system considered, the 

thermodynamic model was developed based on the assumptions below [184, 186, 194]: 

• The combustion process in HCCI is governed by a time-dependent, variable volume well-

mixed reactor. 
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• The burning rates of HCCI combustion are fast typically and if phasing out correctly in the 

cycle could approximate the ideal Otto cycle. Fig. 2.2 represents the PV diagram for the 

HCCI operating under ideal conditions. 

• Pressure drop in duct and heat exchanger is ignored. 

• Constant speed of engine operation was assumed (1800 RPM) with the invariable load. 

• Due to the elevated compression ratio, the residual gas fraction was assumed on the lower 

side (f = 0.03). 

• The minimum volume fraction of ethanol in water necessary for efficient HCCI operation 

is 35% by liquid volume. As a result, 35% ethanol in water by volume mixture was 

considered as the fuel input. 

• All processes proceed under steady-state conditions. 

• Effects of kinetic and potential energies are not considered during the energy conversion. 

• The pressure drop in the pipes is not considered. 

• Physical exergies of the ORC/ERC fluid are only considered. 

• The working fluid is assumed to be a saturated liquid at the condenser exit. 

Using mass, momentum, and energy conservation equations, the expression of entrainment ratio 

of the ejector can be formulated as [190] 

1)/()( ,,,,2,1, '' −−−= mmfsdmfsnpfnpfdmn hhhh                       (2.32) 

The efficiencies of different sections of the ejector are presented in Table 2.1.  



59 

 

The ejector comprises three different geometry segments; nozzle, mixing chamber, and diffuser.

 

Fig. 2.2: PV diagram for the ideal operation of HCCI engine 

The energy equation for the adiabatic flow in the nozzle under steady flow condition may be given 

as: 

22

2

1,

1,

2

2,

2,

npfpf

npfpf

npfpf

npfpf

um
hm

um
hm





 +=+                                                                               (2.33)                       

The efficiency of the nozzle may be seen as:   

',2,1,

2,1,

snpfnpf

npfnpf

n
hh

hh

−

−
=                                                                                                                         (2.34) 
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The momentum conservation equation applied to the mixing section gives: 

',,2,2, )(
smmfsfpfnsfsfnpfpf ummumum  +=+                                      (2.35) 

The energy equation applied to the diffuser leads to: 

( ) mmfsdmfsdmfmmf hhuu ,,,

2

,,

2

, ''

2

1
−=−                                       (2.36) 

The efficiency of the diffuser may be shown as: 

mmfdmf

mmfsdmf

d
hh

hh

,,

,,, '

−

−
=                                                                                                                                          (2.37) 

Details of the equations utilized to model the remaining components of the bottoming cycle such 

as; vapor generator, ORC pump, turbine, condenser, throttling valve, and the evaporator of ejector 

can be found from the Ref. [186, 190]. 

Table 2.3 Data used for wet ethanol operated HCCI with ORC and ERC configuration 

Ambient temperature (T0) (K) 300 

Ambient pressure (P0) (kPa) 101.325 

HCCI engine fuel  35% ethanol in water mixture 

HCCI engine compression ratio  16:1 

Turbocharger efficiency (%) 80 

Effectiveness of regenerator  0.78 

Catalytic convertor  Oxidizing type catalyst, Pd-loaded SiO2–Al2O3 

Engine speed  1800 rpm 

Chemical exergy of ethanol (kJ/kg) 29604.95 

LHV of ethanol (kJ/kg) 26,900 

Volume swept per cylinder (cm3) 2400  

Cylinder diameter (cm) 13.7  

Piston displacement(cm) 16.5  
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Length of connecting rod(cm) 26.2  

Ratio of intake to clearance volume 16:1 

Speed of engine (rpm) 1800 rpm 

Engine volumetric efficiency (%) 100 

Ratio of the actual fuel-air mixture to 

the chemically correct fuel-air mixture 

<0.5 

Combustion process in HCCI engine Chemical kinetics applied to control the bulk 

auto-ignition process 

Effectiveness of vapor generator 0.8 

ORC turbine inlet pressure (MPa)  1.8-2.2 

ORC turbine isentropic efficiency (%) 90 

ORC pump isentropic efficiency (%) 90 

Effectiveness of heat exchanger 0.8 

ERC pump isentropic efficiency (%) 90 

Evaporator temperature (oC) 4 

𝐶𝑂𝑃𝑐  2.98 

Nozzle efficiency (%) 90 

Mixing chamber efficiency (%) 85 

Diffuser efficiency (%) 85 

Table 2.4 Properties of Refrigerants 

Refrigerant  R134a R290 R600a 

Chemical Formula 
CH2FCF3 

 

C3H8 C4H10 

Critical temperature (oC) 101.1 96.7 134.7 

Critical pressure (kPa) 4059 4247 3640 

Normal boiling point (oC) -26.1 -42.2 -12 
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Triple point Temperature (oC) -104.3 -187.1 -159.6 

Molecular Weight (kg/kmol) 102.03 44.1  58.12  

Safety class A1 A3 A3 

ODP 0 0 0 

GWP (100 years) <1300 <3 <3 

Latent heat of vaporization at 

boiling point (kJ/kg) 
216.97 

426.1 

 

366.2 

2.6. Results and discussion 

The configuration of the cooling-power cogeneration cycle presented in the current study was 

investigated after applying the first and second laws of thermodynamics. The performance 

evaluation of wet-ethanol fuelled HCCI engine bottoming with the ORC combined with the ERC 

was carried out. Results are computed for the use of R134a, R290, and R600a as the common 

working fluid for ORC and ERC. Their thermo-physical properties and environment parameters 

are reported in Table 2.4. In the analysis, the effects of altering the turbocharger pressure ratio, 

turbocharger compressor efficiency, ambient temperature, vapor generator pressure, motive flow 

degree of superheat, entrainment ratio, and ejector evaporator pressure are investigated on the 

efficiencies of cooling-power cogeneration cycle as well as on the energy and exergy accompanied 

by power and refrigeration. Properties regarding HCCI based cooling-power cogeneration for its 

baseline operative conditions are described above in Table 2.3 which were taken from literature.  

Model validation 
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The model developed for the thermodynamic performance evaluation of HCCI engine running on 

wet-ethanol is validated with the theoretical data reported in the literature [186]. Some of the 

preliminary results considering the integration of the organic Rankine cycle (ORC) and the ejector 

refrigeration cycle (ERC) combined with the wet-ethanol fuelled HCCI engine are validated by 

comparing with the reported results [186] where an ORC is combined with the wet-ethanol fuelled 

HCCI engine. Tables 2.5-2.8 list the comparison between the proposed system (HCCI engine 

combined with the ORC and ERC) and the system presented and investigated in Ref. [186] (HCCI 

engine combined with ORC). It is observed that the thermal efficiency of the proposed system is 

much higher than the thermal efficiency of the system exhibited in the reference [186]. The thermal 

efficiency of the proposed system (R134a is used as working fluid) varies from 47.81% to 50.09% 

compared to the increase in thermal efficiency in the Ref. [186] (R113 is employed as working 

fluid) from 35% to 48% when the turbocharger pressure ratio is elevated from 2.5 to 3.5. The 

comparison of results clearly shows that the proposed system is more efficient to make better use 

of engine waste heat. The difference in the results of the thermal efficiency of the combined system 

is found because of the integration of ERC with the ORC and due to the use of different working 

fluids. Further, a significant difference in the thermal efficiency of the configuration of ORC with 

ERC and the ORC only is also observed. Such as, the thermal efficiency of the heat recovery sy 

stem where ORC is combined with ERC and operated on R143a fluid varies from 3.789% to 

3.767% while for ORC (reported one) which operated on R113 fluid varies from 2.61% to 2.8% 

when the turbocharger pressure ratio varies from 2.5 to 3.5. Similar trends are found for the 

variation in the exergy efficiency of the proposed system and the system reported in Ref. [186]. 

Effect of ambient temperature on the thermal and exergy efficiencies of the proposed system and 

the system reported in the Ref. [186] was also observed and a suitable comparison is found. The 
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type and range of operative conditions of the HCCI engine considered in the present study and the 

source of literature [186] are the same. They are as follows; turbocharger pressure ratio (2.5-3.5), 

turbocharger compressor isentropic efficiency (0.7-0.9), ambient temperature (290K-310K). A 

parametric comparison of computed results of the present study with the literature data is shown 

below in Tables 2.5-2.8. In sum, the findings of the present study make a solid accept to carry out 

further research in the area of the exploitation of alternative fuels in HCCI engine to promote 

sustainability further. 

Table 2.5 Comparison of thermal efficiency of the proposed combined thermal system with the 

reported data [186] of the system operating under the same condition and same fuel 

Pressu

re 

Ratio 

Combin

ed 

thermal 

efficienc

y with 

R134a 

(Present 

work) 

Combin

ed 

thermal 

efficienc

y with 

R290 

(Present 

work) 

Combin

ed 

thermal 

efficienc

y with 

R600a 

(Present 

work) 

Combin

ed 

thermal 

efficienc

y 

(Report

ed 

work) 

ORC 

and 

ERC 

therma

l 

efficien

cy with 

R134a 

(Presen

t work) 

ORC 

and 

ERC 

therma

l 

efficien

cy with 

R290 

(Presen

t work) 

ORC 

and 

ERC 

therma

l 

efficien

cy with 

R600a 

(Presen

t work) 

ORC 

thermal 

efficien

cy 

(Report

ed 

work) 

2.5 47.87 47.1 48.78 35 3.789 3.014 4.699 2.61 

2.75 48.53 47.75 49.44 38.2 3.783 3.009 4.692 2.65 

3 49.11 48.33 50.01 41.5 3.778 3.005 4.685 2.69 

3.25 49.62 48.85 50.53 44.8 3.772 3.001 4.678 2.73 

3.5 50.09 49.32 50.99 48 3.767 2.997 4.672 2.8 

Table 2.6 Comparison of exergy efficiency of the proposed combined thermal system with the 

reported data [186] of the system operating under the same condition and same fuel 

Pressu

re 

Ratio 

Combin

ed 

exergy 

efficienc

y with 

R134a 

(Present 

work) 

Combin

ed 

exergy 

efficienc

y with 

R290 

(Present 

work) 

Combin

ed 

exergy 

efficienc

y with 

R600a 

(Present 

work) 

Combin

ed 

exergy 

efficienc

y 

(Report

ed 

work) 

ORC 

and 

ERC 

exergy 

efficien

cy with 

R134a 

(Presen

t work) 

ORC 

and 

ERC 

exergy 

efficien

cy with 

R290 

(Presen

t work) 

ORC 

and 

ERC 

exergy 

efficien

cy with 

R600a 

(Presen

t work) 

ORC 

exergy 

efficien

cy 

(Report

ed 

work) 

2.5 53.87 52.5 52.31 30.02 1.474 1.518 1.158 1.48 
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2.75 54.6 53.23 53.04 33.3 1.47 1.514 1.155 1.476 

3 55.25 53.88 53.69 36.9 1.467 1.511 1.153 1.473 

3.25 55.82 54.46 54.26 40.25 1.464 1.507 1.15 1.47 

3.5 56.33 54.97 54.78 43.7 1.461 1.504 1.148 1.467 

Table 2.7 Comparison of thermal efficiency of the proposed combined thermal system with the 

reported data [186] of the system operating under the same condition and same fuel 

Ambient 

temperat

ure 

Combin

ed 

thermal 

efficien

cy with 

R134a 

(Presen

t work) 

Combin

ed 

thermal 

efficien

cy with 

R290 

(Presen

t work) 

Combin

ed 

thermal 

efficien

cy with 

R600a 

(Presen

t work) 

Combin

ed 

thermal 

efficien

cy 

(Report

ed 

work) 

ORC 

and 

ERC 

therma

l 

efficien

cy with 

R134a 

(Prese

nt 

work) 

ORC 

and 

ERC 

therma

l 

efficien

cy with 

R290 

(Prese

nt 

work) 

ORC 

and 

ERC 

therma

l 

efficien

cy with 

R600a 

(Prese

nt 

work) 

ORC 

therma

l 

efficien

cy 

(Report

ed 

work) 

290 49.2 48.43 50.11 42.02 3.773 3.001 4.679 2.4 

295 49.15 48.38 50.06 41.65 3.775 3.003 4.682 2.545 

300 49.11 48.33 50.01 41.5 3.778 3.005 4.685 2.69 

305 49.06 48.28 49.97 41.105 3.78 3.007 4.688 2.895 

310 49.01 48.24 49.92 41.01 3.782 3.009 4.691 3.008 

Table 2.8 Comparison of exergy efficiency of the proposed combined thermal system with the 

reported data [186] of the system operating under the same condition and same fuel 

Ambient 

temperat

ure 

Combin

ed 

exergy 

efficien

cy with 

R134a 

(Presen

t work) 

Combin

ed 

exergy 

efficien

cy with 

R290 

(Presen

t work) 

Combin

ed 

exergy 

efficien

cy with 

R600a 

(Presen

t work) 

Combin

ed 

exergy 

efficien

cy 

(Report

ed 

work) 

ORC 

and 

ERC 

exergy 

efficien

cy with 

R134a 

(Prese

nt 

work) 

ORC 

and 

ERC 

exergy 

efficien

cy with 

R290 

(Prese

nt 

work) 

ORC 

and 

ERC 

exergy 

efficien

cy with 

R600a 

(Prese

nt 

work) 

ORC 

exergy 

efficien

cy 

(Report

ed 

work) 

290 55.08 53.76 53.48 37.1 1.343 1.424 0.9752 1.4 

295 55.17 53.82 53.58 37 1.405 1.467 1.064 1.44 

300 55.25 53.88 53.69 36.9 1.467 1.511 1.153 1.5 

305 55.33 53.94 53.79 36.8 1.53 1.554 1.242 1.545 

310 55.41 54 53.9 36.7 1.592 1.598 1.332 1.585 
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Fig. 2.3 represents the change in thermal efficiency of the HCCI engine-based cooling-power 

cogeneration system after altering the turbocharger pressure ratio. The thermal efficiency 

evaluated on first law basis is found to be increasing with the rise of pressure ratio across the 

turbocharger. This is due to the reason higher turbocharger pressure improves the fuel-air mixing 

along with the increase of charge density which raises the temperature of the mixture and hence 

the engine power output. Further, for the same turbine and compressor efficiencies and regenerator 

effectiveness any rise in turbocharger pressure ratio results in the increase of engine exhaust 

temperature which is an inlet temperature to the ORC combined with ERC and this will increase 

the heat transfer to refrigerant passes through the vapor generator and this, in turn, improves the 

ORC power and cooling capacity of the evaporator of ERC. This simultaneous increase in the 

output of the HCCI engine and the energetic output of bottoming cycle contributes to a rise in the 

efficiency of the cooling-power cogeneration cycle. Change in working fluid of bottoming cycle 

considerably influence the energy efficiency of cogeneration because of the considerable 

difference in their boiling points; (-26.1℃) for R134a and (-42.110C) for R290, (-120C) for R600a. 

Further, lower refrigeration output for the R290 (propane) operated system attributes to the low 

critical temperature of propane (96.740C) compared to the higher critical temperature of R134a 

(101.10C), and R600a (134.70C). Relatively a high motive flow temperature is required to produce 

the decent refrigeration output and hence the lower critical temperature of the refrigerant is a 

hindrance in obtaining the higher output. It is further noticed that an increase in pressure ratio 

across the turbocharger from 2.5 to 3.5 raises the efficiency of cooling-power cogeneration from 

47.87% to 50.09% when R134a is used as working fluid and from 47.1% to 49.32% when R290 

applies, and in case of R600a as bottoming cycle fluid it is increased from 48.78% to 50.99%. The 

exergy efficiency of HCCI engine based cogeneration is the ratio of power exergy plus exergy of 
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refrigeration to the fuel exergy, and the exergy of refrigeration is significantly less than the cooling 

capacity but the exergy of fuel (ethanol) is (29.6 kJ/kg) is considerably greater than the energy of 

ethanol (26.9 kJ/kg). Since the difference between the energy and exergy of ethanol is dominating 

over the difference between the energy and exergy of refrigeration, therefore, exergy efficiency of 

cogeneration is shown to be considerably higher than its corresponding thermal efficiency. 

Fig. 2.3. Impact of turbocharger pressure ratio on the efficiencies of wet-ethanol fuelled HCCI 

engine based cooling-power cogeneration system 

Fig. 2.4 displays the impact of turbocharger compressor efficiency on the thermal efficiency of the 

HCCI engine-based cooling-power cogeneration system. The thermal efficiency of the system is 

found to be increased at the rise of turbocharger compressor efficiency. This is because higher 

turbocharger efficiency decreases the compressor power input and the turbine power as well which 
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results in the decrease of engine exhaust temperature and the higher thermal efficiency of the 

engine. Further, it is to be noted that increase in turbocharger compressor efficiency results in the 

decrease of energy contents of gases entering the vapor generator which decreases the mass flow 

rate of the refrigerant that enters the ORC turbine and the evaporator of ERC, and this reduces the 

power output and refrigeration capacity of the bottoming cycle. Since an increase in HCCI engine 

power dominates over the decrease of the energetic output of bottoming cycle, therefore, the 

energy efficiency of the HCCI engine-based cooling-power cogeneration cycle increases when the 

turbocharger compressor efficiency increases. It is shown that raising of turbocharger efficiency 

from 0.7 to 0.9 increases the thermal efficiency of cogeneration from 48.29% to 49.7% for the 

R134a operated bottoming cycle. For R290 operated cogeneration it is increased from 47.52% to 

48.93% and for R600a operated cogeneration this increases from 49.2% to 50.61%, respectively. 

Further, it is observed that raising the turbocharger compressor efficiency also increases the exergy 

efficiency of cogeneration. This is because at the higher turbocharger compressor efficiency the 

irreversibility decreases as in the case of the compressor, irreversibility is the difference between 

the actual power and reversible power input. The exergy efficiency of cogeneration is found to be 

greater than the thermal efficiency for all three selected working fluids of bottoming cycle because 

reason exergy of fuel supplied is larger than the energy of fuel. The exergy efficiency of the R134a 

operated combined system is found to be considerably greater than the exergy efficiency of the 

R600a operated system. This is because the use of R600a in ORC produces a very high condenser 

load which is not desired in cycles operated in cogeneration mode.  
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Fig. 2.4. Impact of turbocharger compressor efficiency on the efficiencies of wet-ethanol fuelled 

HCCI engine based cooling-power cogeneration system 

Fig. 2.5 shows the effect of changing the ambient temperature on the thermal efficiency of the 

HCCI engine-based cooling-power cogeneration system. The energy efficiency of the HCCI 

engine is found to be decreased with the rise of ambient temperature because of the reduction in 

volumetric efficiency and increase in fuel consumption in the combustion chamber at higher 

ambient temperature. It is further to be noted that the rate of decrease in thermal efficiency of a 

cogeneration system is not significant because the refrigeration capacity of ERC start increasing 

with the increase of ambient temperature due to the reduction of energy losses at the heat exchanger 

components of ERC but the decrease in the engine output dominates over the increase in capacity 

of refrigeration. Therefore, the thermal efficiency of cogeneration diminishes gradually when the 
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ambient temperature rises. Further, it is observed that at a given ambient temperature the exergy 

destroyed in the condenser and expansion valves of ERC operated on R290 and R600a, separately, 

is greater than the exergy destroyed in the R134a operated ERC, therefore, the exergy efficiency 

of R143a operated ERC cogeneration is found to be higher than the efficiency of R290 and R600a 

operated cogeneration cycles It is further seen that in contrast to thermal efficiency, exergy 

efficiency of cogeneration cycle starts increasing because of the increase in exergy of refrigeration 

produced by ERC with the rise of ambient temperature. By definition, the exergy of refrigeration 

is the ratio of the refrigeration capacity to the Carnot COP operates between the refrigeration 

temperature and ambient temperature.  

 

Fig. 2.5. Impact of turbocharger compressor efficiency on the efficiencies of wet-ethanol fuelled 

HCCI engine based cooling-power cogeneration system 
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Fig. 6 shows the impact of variation in the pressure of the vapor generator (PVG) on the net power 

output and refrigeration capacity of the cogeneration system. The net power output of the 

cogeneration system increases just by one percent after a large increase in the PVG. This is because 

the energy of stream inlet to turbine increases at elevated pressure and this creates a larger enthalpy 

drop across the turbine which results in higher ORC turbine power. Meanwhile, the refrigeration 

capacity of ERC decreases at the increase of PVG because the mass flow rate of the motive stream 

(primary flow) is decreased by raising the generator pressure which results in the decrease of 

refrigeration capacity.  

Fig. 2.6. Impact of vapor generator pressure on power output and refrigeration capacity of wet-

ethanol fueled HCCI engine based cooling-power cogeneration system 
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Fig. 2.7. Impact of vapor generator pressure on power exergy and exergy of refrigeration of wet-

ethanol fueled HCCI engine based cooling-power cogeneration system 

Fig. 2.7 shows the impact of change of vapor generator pressure on the power exergy and the 

exergy of refrigeration. Since the power exergy is the power produced by a turbine which increases 

at the increase of PVG, therefore, power exergy has also been found to be increased at the elevated 

pressure. Since the exergy of refrigeration accompanied by cooling capacity is always significantly 

lower than the capacity of cooling and this shows the trend of decreasing, therefore, the exergy of 

refrigeration is also found to be reduced at the rise of PVG. It is figured out that for R134a operated 

system, at the pressure of 2000 kPa the exergy of refrigeration is just 0.7523 kW but the 

corresponding cooling capacity is too high 9.06 kW. Both cooling capacity and the exergy of 

refrigeration are decreases by greater than 2.0% when the PVG is increased from 1800 kPa to 2200 
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kPa. But in the case of R600a operated cogeneration this decrease is found to be around 1.9% 

because R600a despite nature-friendly operation it produces the highest condenser load in ORC, 

and in the present configuration, the condenser of ORC is the boiler or generator for ERC which 

support the production of refrigeration and due to this reason, the decrease in both energy and 

exergy of refrigeration are lower.  

Fig. 2.8 shows the impact of variation of PVG on the thermal and exergy efficiencies of the cooling-

power cogeneration system. It is determined that increasing the PVG from 1800 kPa to 2200 kPa 

raises the thermal efficiency of R134a operated cooling-power cogeneration by 0.5% and the 

exergy efficiency is raised by 0.63%. An increase in exergy efficiency is greater than the thermal 

efficiency because the exergy efficiency of cogeneration is the ratio of the sum of power exergy 

and exergy of refrigeration to the exergy input. The exergy of refrigeration which is found to be 

decreased is significantly less than the energy of refrigeration and hence its contribution towards 

the exergetic output of bottoming cycle becomes insignificant. Both thermal and exergy 

efficiencies following the same trend for R290 and R600a operated cogeneration systems.  
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Fig. 2.8. Impact of vapor generator pressure on energy and exergy efficiencies of wet-ethanol 

fueled HCCI engine based cooling-power cogeneration system 

The impact of variation of entrainment ratio (𝜇) on power output and cooling capacity is displayed 

in Fig. 2.9. It is figured out that the power output of cogeneration is unchanged as inlet and exit 

states of HCCI engine and ORC turbine are unaffected after altering the 𝜇. The cooling capacity 

offered by R134a and R290 operated cogeneration system is decreased slightly at the increase of 

𝜇 while for R600a operated system an increasing trend of cooling capacity is observed. The reason 

for obtaining this reverse trend is the higher critical temperature of R600a which supports the 

motive flow stream temperature. Since the mass flow rate of the motive stream is lower at its 

higher temperature, therefore, the entrainment ratio increases which results in the increase of 

cooling capacity.  
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Fig. 2.9. Impact of ejector entrainment ratio on power output and refrigeration capacity of wet-

ethanol fueled HCCI engine based cooling-power cogeneration system 

The impact of entrainment ratio on the power exergy and exergy of refrigeration was also 

ascertained and depicted in Fig. 2.10. Similar to power output, the power exergy also found to be 

unchanged because power is free of entropy and hence gives 100% contribution to exergy. The 

exergy of refrigeration for R134a and R290 operated cogeneration systems is appearing to be 

decreased while the exergy of refrigeration in the case of the R600a system is increasing 

considerably when the entrainment ratio is increased. This is because of the concurrent effect of 

decreasing the mass flow rate of motive stream due to higher critical temperature higher condenser 
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load of R600a as the working fluid for ORC and ERC. This results in the increased cooling capacity 

and hence the exergy of refrigeration.   

 

Fig. 2.10. Impact of ejector entrainment ratio on power exergy and exergy of refrigeration of wet-

ethanol fueled HCCI engine based cooling-power cogeneration system 
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rises. A concurrent increase in the difference of enthalpy and mass flow rate of secondary stream 

results in the rise of refrigeration capacity of ERC. It is further to be observed that for R134a 

operated cogeneration system, the cooling capacity is increased by 11.34% when the PEvap rises 

from 327.4 kPa to 348.7 kPa. In the case of the R600a operated system the cooling capacity is 

increased by 12.58% at the rise of PEvap from 175.7 kPa to 186.9 kPa. 

 

Fig. 2.11. Impact of evaporator pressure on power output and refrigeration capacity of wet-ethanol 

fueled HCCI engine based cooling-power cogeneration system 

The impact of ERC evaporator pressure (PEvap) was also ascertained on the power exergy and 

exergy of refrigeration and is shown in Fig. 2.12. Due to the reasons stated above, like the power 
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pressure gradient across the nozzle which in turn enhances the mass flow rate of refrigerant of the 

entrained stream. Considering that the total mass flow rate is constant in ERC, the rate of motive 

stream decreases, and the change in enthalpy of refrigerant and hence the physical exergy of 

refrigerant across the evaporator enhanced as PEvap increases. A simultaneous increase in the 

difference of physical exergy and mass flow rate of secondary stream results in the increase of the 

exergy of refrigeration produced by ERC. It is determined that for R134a operated cogeneration 

system, the exergy of refrigeration is increased by 2.3% when the PEvap rises from 327.4 kPa to 

348.7 kPa. In the case of the R600a operated system the exergy of refrigeration is increased by 

3.42% at the rise of PEvap from 175.7 kPa to 186.9 kPa. A percentage increase in the exergy of 

refrigeration delivered by the R600a system is due to its higher critical temperature compared to 

R134a and R290. 

The degree of superheat of motive flow (∆𝑇𝐻𝐸) which is defined as the difference between the 

temperature of the refrigerant at the HE outlet and the saturation temperature of the refrigerant at 

the HE pressure. The impact of ∆𝑇𝐻𝐸 was also investigated on the power output and refrigeration 

capacity of the cogeneration system and is shown in Fig. 2.13. Since ∆𝑇𝐻𝐸 is related to ERC, 

therefore, the power output of cogeneration is found to be unaffected. The capacity of refrigeration 

is found to be slightly declined with the rise of the degree of superheat. This is because as ∆𝑇𝐻𝐸 

increases there is a concurrent increase in backpressure Ps which means Ps comes closer to 

evaporator pressure means the difference of pressure (Ps- PEvap) decreases. This decrease in the 

difference of pressure poses a drop in the mass flow rate of the entrained stream of the ejector. 

Since the total flowing mass across the ejector is constant, it means the mass flow rate of motive 

flowing stream rises with increasing ∆𝑇𝐻𝐸 and in turn, the entrainment ratio of ERC reduces 

owing to which the cooling capacity decreases. In the case of the R134a operated cogeneration 
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system, the refrigeration capacity is decreased by 1.55% when the ∆𝑇𝐻𝐸 rises from 11.310C to 

19.310C. For R290 operated cogeneration system, the refrigeration capacity is decreased by 2% 

when ∆𝑇𝐻𝐸 is elevated from 20.860C to 28.860C. Elevation of ∆𝑇𝐻𝐸 from1.70C to 9.70C  reduces 

the capacity of refrigeration by 2.32%. 

Fig. 2.12. Impact of evaporator pressure on power exergy and exergy of refrigeration of wet-

ethanol fueled HCCI engine based cooling-power cogeneration system 
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Fig. 2.13. Impact of motive flow degree of superheat on power output and refrigeration capacity 

of wet-ethanol fueled HCCI engine based cooling-power cogeneration system 

Fig. 2.14 is presented to ascertain the degree of superheat of motive flow (∆𝑇𝐻𝐸) on the power 

exergy and exergy of refrigeration. Since ∆𝑇𝐻𝐸 is related to ERC, therefore, the power exergy 

delivered by cogeneration is found to be unaffected. The exergy of refrigeration is found to be 

slightly declined with the rise of the degree of superheat for all the working fluids of bottoming 

cycle. The reasons for the decrease in capacity of refrigeration are mentioned and the exergy of 

refrigeration is defined as the ratio of refrigeration capacity to the COP of Carnot refrigerator 

operated between the evaporator temperature and ambient. Therefore, for the fixed value of 

evaporator temperature, the exergy of refrigeration follows the trend of refrigeration capacity, and 

hence it is also found to be decreased at the increase of the degree of superheat of motive flow. 
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Since the exergy accompanied by the capacity of refrigeration is significantly less than the cooling 

capacity, therefore, the rate of decrease of the exergy of refrigeration is shown to be less than the 

rate of decrease of the capacity of refrigeration for all the working fluids of bottoming cycle.  

 

Fig. 2.14. Impact of motive flow degree of superheat on power exergy and exergy of refrigeration 

of wet-ethanol fueled HCCI engine based cooling-power cogeneration system. 
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Chapter 3 

Thermodynamic and comparative analysis of ERC and ARC 

integrated wet-ethanol fueled HCCI engine for cogeneration of power 

and cooling 

 

3.1. Introduction 

Establishment of an environmentally benign sustainable society demands the improvement in 

thermal efficiency of land transportation vehicles. On average two-thirds of the primary energy 

supplied to internal combustion engines is lost via heat rejection to atmosphere [182, 202, 203]. 

This significant loss of energy to environment asking for the recovery of this rejected heat that 

would decrease the fuel consumption and reduce the environmental degradation caused because 

of the fossil fuels consumption. In view of conserving the fossil fuels and to protect the living 

environment, many investigators attempted the problems related to the design and development of 

renewable fueled engines [204, 205]. Among the renewable fuels, ethanol has been found as one 

of the promising options as it has higher flame speed, higher octane number, and it is oxygenated 

fuel due to which it provides high rate of combustion efficiency and also reduced level of the 

pollutant emissions and greenhouse gases. Therefore, ethanol fueled engines can be considered as 

an alternative to meet the aim of achieving higher engine efficiency at lower emissions [206]. 

Ethanol can be produced from various agricultural products like corn and sugarcane, and studies 

carried out in regard of the production of ethanol from corn through energy balance reports that 

significant amount of energy is required to produce ethanol for water removal processes 



83 

 

(dehydration and distillation) which consumes 37% of the energy which ethanol contains [207]. 

Therefore, efforts to utilize wet-ethanol directly as fuel in combustion engines was considered as 

an integral part of research and from some of the investigations it is revealed that this may lead to 

considerable increase in net gain of energy from 21% to 55% [60, 168]. Utilization of wet ethanol 

had its challenges in traditional modes of combustion (SI and CI) and hence requires a unique 

combustion process which combine the characteristics of both SI (spark ignited) and CI 

(compression ignited) engines [169]. In this regard, homogeneous charge compression ignition 

(HCCI) engines have been discovered as an option to burn low grade fuels for land transportation 

purpose because these engines have the distinction of combining the advantages of both SI and CI 

combustion processes. HCCI engines utilizes premixed and lean fuel-air mixture at high intake 

temperature and the mixture is thermally auto-ignited following the higher compression ratio. This 

results in the drastic reduction of the most harmful emissions of NOx and PM while providing a 

higher thermal efficiency [149, 171, 208]. Because of the characteristics of utilizing low grade 

fuels which can be auto-ignited through the process of compression, HCCI engines are expected 

to exploit wet-ethanol more effectively than the traditional engines and hence can be considered 

as a suitable mode of combustion for the direct utilization of wet-ethanol as a primary fuel. 

Analysis joining quality with quantity of energy by combining the first law of thermodynamics 

with the second law can be used to estimate the quality of energy resource which transform into 

useful work. This thermodynamic modeling assist in evaluating the exergetic losses and the cycle 

efficiencies based on energy and exergy [209, 210]. Simultaneous applications of the first and 

second law applied to investigate the performance of wet-ethanol fueled HCCI engines [174, 184, 

186, 211] discovered that significant amount of exergy accompanied by engine exhaust heat is 

expelled which goes unutilized and leads to inefficient and environmentally harmful engine 
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performance. This waste heat can be considered as the potential energy source for driving the heat 

operated refrigeration and air conditioning systems with a view to reduce the environmental impact 

and improve the system efficiency. Analysis of these systems from exergy point of views can 

provide a tool for their true theoretical performance assessment. Ejector refrigeration cycle (ERC) 

and absorption refrigeration cycle (ARC) are heat operated non-traditional cooling systems which 

can be employed for converting the engine exhaust heat into the refrigeration effect. ERC’s have 

been in use since many decades for air conditioning of residential buildings. The schematic and 

details of ERC applied for cold production can be seen in [212, 213]. In the field of land 

transportation, implementation of ejector technology for refrigerating the thermal load of air 

conditioner or cabin cooling is scarce and hence only few of the investigations are reported in this 

regard. Jaruwongwittaya and Chen [214] investigated the feasibility of employing a two-stage 

ejector refrigeration system in a bus and their results discovered that replacement of conventional 

vapor compression system with the ejector cooling system can be suitably employed as an 

alternative. Zengenhagen and Ziegler [215] presented the assessment of an engine exhaust heat 

driven jet-ejector cooling system integrated to turbocharged gasoline engines. They determined 

the energy efficiency and charge air temperature for the use of R134a as the refrigerant for ejector 

cooling. Unal [216] worked on the application of the exhaust heat driven two-phase ejector cooling 

system for reducing the load and fuel consumption of the engine of passenger bus. The author 

states that application of two-phase ejector as an expansion valve can enhance the performance of 

bus air conditioning system. Zhang et al. [217] developed an exhaust heat recovery unit for the 

automobile integrating to ejector refrigeration cycle. They analyzed the performance of ejector 

cooling system and recommended a suitable range of operating parameters for the efficient 

operation of combined system. Another suitable option to recover the engine exhaust heat is the 



85 

 

absorption refrigeration system in which the fluid pairs LiBr-H2O and NH3-H2O are normally used 

to produce cooling through these systems. Since a significant portion of energy supplied to internal 

combustion engines appear as exhaust waste heat and the use of air conditioners in vehicles arrives 

at the status of essential commodity for modern transportation. In this context, some theoretical 

and experimental studies are reported in the literature regarding the use of absorption refrigeration 

cycle to produce cooling through the recovery of engine exhaust heat. Koehler et al. [218] 

developed a prototype of ARC for truck refrigeration utilizing the exhaust gas. Based on the 

description of simulated results they reported that system performance could be improved nearly 

by double after employing the ARC. Manzela et al. [193] presented the experimental investigations 

of an ammonia-water absorption refrigeration system driven by engine exhaust gases. They 

evaluated the effect of exhaust gas enthalpy and the employment of ARC on engine performance 

and exhaust emissions and discovered that application of ARC results in the decrease of specific 

fuel consumption and reduction in carbon monoxide emission.  

No comparative study on the use of exhaust gas waste heat operated cooling systems bottoming 

with the HCCI engine fueled by wet-ethanol has been found in the literature. Therefore, it is 

necessary and meaningful to develop and analyze the systems that can be powered by engine 

exhaust gases and produce cooling for air conditioning of renewable fueled vehicles. In this study, 

engine operating in HCCI mode and fueled by wet-ethanol was proposed to be bottomed with the 

ERC and ARC, separately, to recover the exhaust heat for refrigerating the thermal load of vehicle 

air conditioning. A comparative thermodynamic analysis of proposed cooling-power cogeneration 

was conducted by considering the quality and quantity of energy transfers during the energy 

conversion processes of the cycle. Energetic and exergetic performances of cogeneration cycle 

was assessed by altering the following parameters; turbocharger pressure ratio, turbocharger 



86 

 

compression efficiency, and ambient temperature. In addition, the distribution of fuel energy 

supplied in terms of energy produced and energy lost as well as the breaking down of exergy of 

fuel supplied into the exergy produced, exergy destruction in the major components of 

cogeneration cycle, and the loss of exergy due to thermal exhaust to ambient is also computed, 

graphed, and discussed. The contribution of exergy destruction is scrutinized and debated in regard 

of cycle performance improvement. Results are derived for the employment of R134a as the 

refrigerant of ERC and LiBr-H2O mixture as the working fluid pair for the ARC. Further, the COP 

of both ERC and ARC were computed with the variation in the entrainment ratio and generator 

temperature, respectively. 

3.2. System description 

In this paper, investigation on wet-ethanol fuelled and turbocharged HCCI engine coupled to 

ejector refrigeration cycle (ERC)/absorption refrigeration cycle (ARC) is performed. Figure 3.1 

describes the working of HCCI engine fueled by wet-ethanol and combined with ejector 

refrigeration cycle. The engine is turbocharged and ethanol fired whose main specifications are 

reported in Table 3.1. Ambient air (1) enters the compressor (Comp1) which increases its pressure 

and temperature. The compressed air is heated (2-3) in regenerator (Reg1) and mixed with Wet-

ethanol (4) injected into a fuel vaporizer (FV1) where it vaporizes and forms a homogeneous 

mixture of ethanol-water-air (5) and enters the HCCI engine. The ethanol water air mixture 

inducted into the cylinder and mixes with hot residual gases within the cylinder and compressed 

by the piston (1’-2’) as shown in Figure 3.3. Charge gets heat through compression and this leads 

to ignition and combustion (2’-3’) and generate power (WPower). After combustion engine exhaust 

gases (6) enter the catalytic converter (CC1) and leave the convertor (7) at a higher temperature 

due to releasing of heat during combustion of carbon monoxide and unburned hydrocarbon which 
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were not burned in the combustion chamber. Less harmful gases from catalytic converter (CC1) 

at higher temperature enter the turbine (T1) and generate power (WT) to drive the turbocharger. 

The exhaust gases leave the turbine (8) and after having exchanged heat (8-9) with compressed air 

(2-3) in the regenerator (Reg1) is delivered to the boiler (Boi) for vaporizing (18-11) the refrigerant 

in ejector refrigeration cycle. The vaporized refrigerant (11) at high pressure and temperature 

(primary vapor) enters the converging-diverging nozzle of ejector (Eje). The high velocity vapor 

at the nozzle exit (11a) creates a high vacuum at the entry of mixing chamber where it entrains 

secondary vapor from the evaporator (16) and mixes with the primary stream. In the mixing 

chamber both primary (11a) and secondary vapors (16a) mixed together and there it becomes a 

homogeneous mixture stream.  On entering the constant area section, a normal shock wave occurs 

which results in the rise of pressure. After the shock, the mixed stream (12m) decelerates in the 

diffuser. The mixed stream (12a) from the ejector enters the condenser (Cond1) where it changes 

to saturated liquid refrigerant (12-13). One part of this stream as a working fluid goes to the 

evaporator (Evap1) to produce the desired cooling effect (15-16) through the expansion valve 

(EV1) (14-15), and the other part of this stream (17) is pumped back (P1) to the boiler. In Figure 

3.2, the turbine (T2) exhaust (8) through the regenerator deliver to the generator (Gen) (9-10) for 

vaporizing (25-19) the solution of LiBr-H2O. The water vapor absorbed in the absorber (Abs) by 

the solution is driven off and flows to the condenser (Cond2) (19) while the LiBr-H2O solution 

returns to the absorber (28) through heat exchanger (HE) (26-27) and an expansion valve (EV2b) 

(27-28). The vaporized refrigerant is condensed in the condenser (19-20) and then flows through 

an expansion valve (EV2a) (20-21) to receive heat load at the evaporator (Evap2) (21-22). A LiBr-

H2O solution leaves the generator (26) and enters the absorber (28) to absorb low-pressure water 

vapor from the evaporator. The pump (P2) receives (23) a LiBr-H2O solution from the absorber, 
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raises the pressure of the strong solution (24) and pumped back to the generator (25) after passing 
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Fig. 3.1. System layout of wet ethanol operated HCCI engine integrated ejector refrigeration cycle
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Fig. 3.2. System layout of wet ethanol operated HCCI engine integrated to absorption refrigeration 

cycle 

through the heat exchanger (HE). 

Table 3.1 Engine specifications [60] 

Volume swept per cylinder 2400 𝑐𝑚3 

Cylinder diameter  13.7 cm 

Piston displacement 16.5 cm 

Length of connecting rod 26.2 cm 

Ratio of intake to clearance volume 16:1 

Speed of engine 30 rps 

Engine volumetric efficiency  100% 

Ratio of actual fuel-air mixture to 

chemically correct fuel-air mixture 

<0.5 

Combustion process in HCCI engine Chemical kinetics applied to control the 

bulk auto ignition process 

3.3. Working fluid thermodynamic properties 

In the analysis and design of alternative fueled internal combustion engine, thermodynamic 

properties of working fluids are necessary to investigate its energetic and exergetic performances. 

In the ideal engine cycle, the working fluid for processes occurs in the cylinder is considered 

simply as air. However, in actual cycles, the working fluid consists of several gaseous species. 

The specific heat of gases varies with temperature in real engine application, and its variation with 

pressure is negligible. In the present model of molar specific heat 𝐶𝑝̅(𝑇) variation with 
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temperature, the coefficients (a1-a5) for each species, are taken from literature in the range of 

temperature from 300K to 3000K [219] 

𝐶𝑝̅(𝑇) = 𝑅̅(𝑎1 + 𝑎2𝑇 + 𝑎3𝑇
2 + 𝑎4𝑇

3 + 𝑎5𝑇
5)                                                                              (3.1) 

The enthalpy and entropy of the gaseous species i in terms of specific heat capacity may be 

expressed as [220] 

ℎ̅𝑖(𝑇) = ℎ𝑖̅(𝑇0)
+ ∫ 𝐶𝑝̅𝑖

(𝑇)𝑑𝑇
𝑇

𝑇0
                                                                                                        (3.2)                                                           

𝑠̅𝑖 (𝑇,𝑝) = 𝑠̅𝑖(𝑇0,𝑝0)
+ ∫

𝐶̅𝑝𝑖
(𝑇)

𝑇

𝑇

𝑇0
𝑑𝑇 − 𝑅̅𝑙𝑛 (

𝑦𝑖𝑝

𝑝0
)                                                                                     (3.3)   

The intake air, combustion products, and engine exhaust gases are considered to be a mixture of 

various species. Below are the equations which can be utilized for the computation of molar 

specific enthalpy, molar specific entropy, and Molecular mass of the mixture [220].                

ℎ̅𝑚𝑖𝑥(𝑇) = ∑ 𝑦𝑖ℎ̅𝑖(𝑇)
𝑛
𝑖=1 ;          𝑠̅𝑚𝑖𝑥(𝑇,𝑃) = ∑ 𝑦𝑖𝑠̅𝑖(𝑇,𝑃) 

𝑛
𝑖=1 ;            𝑀𝑚𝑖𝑥 = ∑ 𝑦𝑖𝑀𝑖

𝑛
𝑖=1                    (3.4) 

In the present analysis, fuel-air mixture is stoichiometric because ethanol containing water obtain 

all the required dilution. The combustion equation for burning of wet-ethanol in the HCCI engine 

can be considered as follows [184].  

𝐶2𝐻5𝑂𝐻 + 6𝐻2𝑂 + 3(𝑂2 + 3.77𝑁2) = 1.8 𝐶𝑂2 + 0.1𝐶𝑂 + 0.05𝐶2𝐻5𝑂𝐻 + 8.85𝐻2𝑂 +
0.2𝑂2 + 11.319𝑁2                                                                                                                          (3.5) 

The procedure for obtaining the balanced reaction equation of an actual reaction where combustion 

is incomplete is not always straight forward. Actually combustion is the result of a series of very 

complicated and rapid chemical reactions and the product formed depend on many factors. When 

fuel is burned in the cylinder of an engine, the product of reaction varies with the temperature and 

pressure in the cylinder. The appearance of some carbon monoxide and unburned oxygen and fuel 
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is due to incomplete mixing, insufficient time for complete combustion, and other factors. The 

combustion of wet-ethanol in HCCI engine was taking place by assuming a chemical reaction with 

90% combustion efficiency.  

Unburned hydrocarbons and carbon monoxide which formed as emissions in HCCI engine can be 

further oxidized by using Pd-loaded 𝑆𝑖𝑂2 − 𝐴𝑙2𝑂3 as the oxidizing catalyst. Because of having the 

stoichiometric combustion of fuel-air mixture and its operation at higher compression ratio, the 

temperature of HCCI engine exhaust gases that enters the catalytic convertor is considered to be 

enough for oxidizing the carbon monoxide and unburned fuel. Assuming the complete conversion 

of unburned fuel and carbon monoxide and the application of mass and energy balances, the 

composition and temperature of gases at the exit of catalytic convertor can be determined 

∑ 𝑛𝑒(ℎ̅𝑓
° + ∆ℎ̅)

𝑒𝑃𝑟𝑜𝑑𝑢𝑐𝑡 = ∑ 𝑛𝑖(ℎ̅𝑓
° + ∆ℎ̅)

𝑖𝑅𝑒𝑎𝑐𝑡𝑎𝑛𝑡                                                                        (3.6) 

Where, i refers the incoming streams entering the catalytic convertor and e refers the exiting stream 

of products leaving the convertor [186]. The equation for chemical reaction of engine exhaust 

gases in the catalytic convertor is assumed to be as follows: 

1.8 𝐶𝑂2 + 0.1 𝐶𝑂 + 0.05 𝐶2𝐻5𝑂𝐻 + 8.85 𝐻2𝑂 + 0.2 𝑂2 + 11.319 𝑁2 = 2 𝐶𝑂2 + 9 𝐻2𝑂 +

11.319 𝑁2                                                                                                                                        (3.7)                                                                                                                 

3.3.1 Turbocharger compressor 

The air inducted is first flows through the compressor to increase its pressure and also the 

temperature.  For a given pressure ratio and considered polytropic efficiency of the compressor, 

the turbocharger compressor outlet temperature can be determined after applying the equation, 
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T2 = T1 (
P2

P1
)

(𝛾−1)

𝛾𝜂𝐶                                                                                                                                   (3.8) 

3.3.2 Regenerator 

Air leaving the compressor is delivered to regenerator (an intake air to exhaust gases heat 

exchanger) where the intake is preheated through exhaust gases. This preheating of air is required 

to evaporate the wet-ethanol in the fuel vaporizer. The regenerator performance is determined by 

through its effectiveness which is given by 

𝜀ℎ =
[(𝑚̇.c𝑝)2

(T3−T2)]

[(𝑚̇.c𝑝)𝑚𝑖𝑛
(T8−T2)]

                                                                                                                        (3.9) 

The assumption, (𝑚̇. c𝑝)2= (𝑚̇. c𝑝)𝑚𝑖𝑛is taken to estimate the temperature, T3, the air temperature 

at the regenerator exit and with this relation, it is expressed as 

T3 = T8𝜀ℎ + T2(1 − 𝜀ℎ)                                                                                                                      (3.10) 

The temperature at the regenerator exit is computed by applying the energy balance over it which 

is reported in Table 3.2. 

3.3.3 HCCI engine 

The premixed ethanol-water mixture leaving the mixer enters the HCCI engine. The charge enters 

the engine and before compression it is mixed with hot residual gases.  Due to operation of engine 

at higher compression ratio, the charge is heating up to the level of ignition and combustion. But 

auto-ignition process is observed in HCCI engine for combustion which is controlled by chemical 

kinetics [60]. The efficiency of combustion process is considered to be 90%. External exhaust gas 

recirculation is absent in this model of engine [25]. The temperature of the mixture containing the 
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fresh charge and residual gases at the end of engine intake process (i-1’) is computed by employing 

the expression and the ratio of pressure for inlet/exhaust is considered to be 1.4 [221]. 

𝑇1′ =
T𝑖(1−𝑓)

1−
1

(𝑛.r𝑐)[
p𝑒
p𝑖
+(𝑛−1)]

                                                                                                                                (3.11) 

Where 1’ signifies the location before the process of compression of fuel-air-residual gas mixture 

and P1’ = P1. 

Polytropic compression stroke (1’-2’)  

𝑃2′ = 𝑃1′ (
𝑉
1′

𝑉2′
)
𝑛

= 𝑃1′(r𝑐)
𝑛                                                                                                             (3.12) 

𝑇2′ = 𝑇1′(r𝑐)
𝑛−1                                                                                                                                 (3.13) 

Assuming the heat addition process (2’-3’) as constant volume gives 

𝑇3′ = 𝑇2′ + 𝑞𝑖𝑛(1 − 𝑓)/𝑐𝑣                                                                                                               (3.14) 

𝑃3′ = 𝑃2′ (
𝑇
3′

𝑇2′
)                                                                                                                                   (3.15) 

Expansion stroke (3’-4’) is polytropic and this gives 

𝑃4′ = 𝑃3′ (
1

r𝑐
)
𝑛

                                                                                                                                    (3.16) 

𝑇4′ = 𝑇3′ (
1

r𝑐
)
𝑛−1

                                                                                                                                 (3.17) 

Polytropic blowdown (4’-5’)  

𝑇5′ = 𝑇4′ (
𝑃
4′

𝑃𝑒
)

(1−𝑛)

𝑛
                                                                                                                               (3.18) 

𝑃5′ = 𝑃𝑒                                                                                                                                                  (3.19) 

The constant pressure polytropic exhaust stroke (5’-6’)   

𝑇5′ = 𝑇𝑒                                                                                                                                                   (3.20) 

𝑃6 = 𝑃5′ = 𝑃𝑒                                                                                                                                         (3.21) 

𝑓 =
1

r𝑐
(
𝑃𝑒

𝑃4
)

1

𝑛
                                                                                                                                            (3.22) 
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Residual gas fraction (f=0.03) is found to be lower due to large compression ratio. 

The heat lost to the ambient during the processes of exhaust and blowdown is computed by 

assuming 9% loss of heat during these processes [25]. 

The formulation for calculating the chemical exergy in HCCI engine may be seen as below 

𝑒𝐻𝐶𝐶𝐼
𝑐ℎ = −∆𝑔 + 𝑅̅T0 {𝑥O2𝑙𝑛

𝑃O2
00

𝑃0
+ 𝑦H2𝑂𝑙𝑛

𝑃𝐻2𝑂
00

𝑃0
− ∑ x𝑘𝑙𝑛

𝑃𝑘
00

𝑃0𝐾 }                                                    (3.23) 

The details of the symbols used in above equation can be found in the Ref. [18]. 

3.3.4 Turbine 

Exhaust from the engine is expanded in the turbine to produce power for driving the compressor. 

The temperature at turbine outlet can be determined by [60] 

T8 = T7 (
P8

P7
)

(𝑛−1)𝜂𝑇
𝑛

                                                                                                                                  (3.24)                                                                                                                

3.4. Evaluation criteria and system modeling 

The proposed combined cooling-power cycle is analyzed using Engineering Equation Solver 

(EES) which is commercially available and provides a built in mathematical and thermodynamic 

property functions for solving the equations describing the model developed through balances of 

mass, energy, and exergy [199]. Each component of the system proposed is considered as a steady 

state control volume, with transfer of energy by heat, work, and mass of fluid enters and leaves. 

The equations derived after applying the balances of mass, energy, and exergy were employed to 

formulate the thermodynamic model. The thermodynamic properties of the refrigerant R134a used 

in ERC was computed after employing the REFPROP V 9.1 and the properties of LiBr-H2O fluid 

pair for ARC were taken from the Ref. [200, 226].  
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Application of second law of thermodynamics along with the traditional first law approach leads 

to analysis that joins the quality with quantity of energy during the process of energy conversion 

and it quantifies the destruction and loss of exergy appears at various locations of the system. 

For the energetic and exergetic analyses of the cooling-power cogeneration system considered, the 

thermodynamic model was developed based on the assumptions below [184, 217, 218]: 

1- All processes proceed under steady state condition. 

2- Effects of kinetic and potential energies is not considered during the energy conversion. 

3- Thermodynamic equilibrium is maintained between the inlet and exit of cycle key 

components. 

4- The exchange of heat between the components and environment is ignored. 

5- Expansion valves of both ERC and ARC are isenthalpic and pressure reduction devices. 

6- The pressure drops in the pipes are not considered. 

7- Physical exergies of the ERC fluid and LiBr-H2O fluid pair for ARC are only considered. 

8- State of the working fluid at condenser outlet is saturated liquid. 

9- The atmospheric pressure P0 and temperature T0 considered for the reference-environment 

were assumed as (25℃   and 101.325 kPa), respectively. 

The traditional first law of thermodynamics along with law of conservation of mass applied to any 

control volume operates at steady state and disregards the change in kinetic and potential energies 

gives 

Σ𝑚̇𝑖 − Σ𝑚̇𝑜 = 0                                                                                                                          (3.25) 

Σ𝑄̇ −  Σ𝑊̇ +  Σ𝑚̇𝑖ℎ𝑖 −  Σ𝑚̇𝑜ℎ𝑜 = 0                                                                                           (3.26) 
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After applying the Eqs. (3.25) and (3.26), the energy balance equations are formulated for the wet-

ethanol fuelled HCCI engine corresponding to its P-V diagram shown in Figure 3.3, and also for 

the ERC and ARC which are employed for engine exhaust heat recovery. The formulated equations 

are displayed in Table 3.2 &3.3.  

Table 3.2 Component wise energy balance equations for the combined HCCI engine-ERC [184, 

223] 

Component Balance Equations 

Compressor (Comp1) 𝑊̇𝐶𝑜𝑚𝑝1 = 𝑚̇𝑎(ℎ2 − ℎ1) 

Regenerator (Reg1) 𝑚̇𝑎 (ℎ3 − ℎ2) = 𝑚̇𝑒𝑥ℎ (ℎ8 − ℎ9) 

Fuel vaporizer (FV1) 𝑚̇𝑎 ℎ3 + 𝑚̇𝑓ℎ4 = (𝑚̇𝑎  + 𝑚̇𝑓)ℎ5 

HCCI engine (Compression) 

process,1´- 2´ 

(𝑚̇𝑎  + 𝑚̇𝑓 + 𝑚̇𝑟𝑔)(ℎ2´ − ℎ1´) = 𝑊̇𝑐𝑜𝑚𝑝 − 𝑄̇𝑠𝑢𝑟𝑟 

Heat addition process, 2´- 3´ (𝑚̇𝑎  + 𝑚̇𝑓 + 𝑚̇𝑟𝑔)(ℎ3´ − ℎ2´) = 𝑄̇𝐻 

Expansion process,3´- 4´ (𝑚̇𝑎  + 𝑚̇𝑓 + 𝑚̇𝑟𝑔)(ℎ3´ − ℎ4´) = 𝑊̇𝑒𝑥𝑝 + 𝑄̇𝑠𝑢𝑟𝑟 

Blowdown Process, 4´-5´ 𝑚̇𝑒𝑥ℎ ℎ4´ = 𝑚̇𝑒𝑥ℎ ℎ5´ + 𝑄̇𝑠𝑢𝑟𝑟 

Catalytic convertor (CC1) ∑ 𝑛𝑒(ℎ̅𝑓
° + ∆ℎ̅)

𝑒
𝑃𝑟𝑜𝑑𝑢𝑐𝑡

= ∑ 𝑛𝑖(ℎ̅𝑓
° + ∆ℎ̅)

𝑖
𝑅𝑒𝑎𝑐𝑡𝑎𝑛𝑡

 

Turbine (T1) 𝑊̇𝑇1 = 𝑚̇𝑒𝑥ℎ (ℎ7 − ℎ8) 

Boiler (Boi)                                Q̇boil = ṁ11(h11 − h18)                                                                                                                                         
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Pump (P1) 𝑊̇𝑃1 = 𝑚̇18 (ℎ18 − ℎ17) 

Ejector (Eje) ṁ11h11 + ṁ16h16 = ṁ12̇ h12 

Condenser (Cond1) 𝑚̇12( ℎ12 − ℎ13) = 𝑚̇𝐶𝑜𝑛𝑑1( ℎ𝐶𝑜𝑛𝑑1,𝑜 − ℎ𝐶𝑜𝑛𝑑1,𝑖) 

Expansion valve (EV1) ℎ14 = ℎ15 

Evaporator (Evap1) 𝑄̇𝐸𝑣𝑎𝑝1 = 𝑚̇16 (ℎ16 − ℎ15) 

 

Table 3.3 Equations of energy balance for the components of ARC [225] 

Component Balance Equations 

Generator (Gen)  ṁ9h9 + ṁ25h25 = ṁ10h10 + ṁ𝑟𝑒𝑓h19 + (ṁsol − ṁref) h26 

Condenser (Cond2) ṁref(h19 − h20) =  ṁ𝐶𝑜𝑛𝑑2(h𝐶𝑜𝑛𝑑2,o − h𝐶𝑜𝑛𝑑2,i) 

Expansion Valve (EV2a)  ℎ20 = ℎ21 

Evaporator (Evap2) Q̇𝐸𝑣𝑎𝑝2 = ṁref(h22 − h21) 

Expansion Valve (EV2b)   ℎ28= ℎ27 

Absorber (Abs) (ṁsol − ṁref)h28 + ṁ𝐴𝑏𝑠hAbs,i + ṁ𝑟𝑒𝑓h22+ 

=  ṁsolh23 + ṁAbsh𝐴𝑏𝑠,o 

Pump (P2) ẆP2 = ṁsol(h24 − h23) 

Heat Exchanger (HE) ṁsolh24 + (ṁsol − ṁref)h26 = (ṁsol − ṁref)h27 + ṁsolh25     
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Fig. 3.3. P-V diagram for the HCCI engine whose thermodynamic cycle is modelled by a 

turbocharged Otto cycle 

Exergy can be defined as the maximum useful work that can be obtained through a process which 

brings the system into equilibrium with a thermal reservoir, usually the environment. 

The exergy rate balance equation that can be applied to any control volume under steady state 

operating condition can be presented as  

Σ (1 −
𝑇0

𝑇
) 𝑄̇𝑗 − Σ𝑊̇ +  Σ𝑚̇𝑖𝑒𝑥𝑖 − Σ𝑚̇𝑜𝑒𝑥𝑜 − 𝐸̇𝑥,𝐷 = 0                                                               (3.27) 

Where, 𝑚̇ is the mass flow rate of a substance. First two terms on the left-hand side of Eq. (3.27) 

indicates the exergy transfer via heat, and work during a process.   
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𝐸̇𝑥,𝐷 is the exergy destruction rate during the process. 𝑒𝑥 is the flow exergy per unit mass of a 

substance which can be break down into the chemical and physical exergy and is given by; 

𝑒𝑥 = 𝑒𝑥
𝑝ℎ + 𝑒𝑥

𝑐ℎ                                                                                                                                         (3.28) 

Physical specific exergy (𝑒𝑥
𝑝ℎ) accounts for change in enthalpy of a gaseous species and loss in 

entropy during its transition from a specified state to restricted dead state. It is given by the 

following expression  

𝑒𝑥
𝑝ℎ = (ℎ − ℎ0) − 𝑇0(𝑠 − 𝑠0)                                                                                                             (3.29) 

The chemical exergy (𝑒𝑥
𝑐ℎ) takes into account the deviations in composition of the substance 

from the substances occupied the reference environment. It may be expressed as [19] 

𝑒𝑥
𝑐ℎ = ∑𝑥𝑖(𝜇𝑖

∗ − 𝜇0) = −∆𝑔𝑖
0 + ∑ 𝑅̅ 𝑇0𝑥𝑖𝑙𝑛 (

𝑝

𝑝𝑟𝑒𝑓
)                                                                        (3.30) 

Where 𝜇𝑖 is the chemical potential and 𝑔𝑖 is the Gibbs function of species “i”, and they can be 

evaluated at a specified temperature T and pressure p. 𝑇0 and 𝑝𝑟𝑒𝑓 are the temperature and pressure 

at the reference environment, respectively. For engine applications, the reference environment 

temperature and pressure are taken to be as 𝑇0 = 298 𝐾 and 𝑝𝑟𝑒𝑓 = 1.013 𝑏𝑎𝑟. For chemical 

exergy computation in engine applications, the molar composition of the environment is to be 

taken as: 20.35% 𝑂2, 75.67% 𝑁2, 0.03% 𝐶𝑂2, 3.03% 𝐻2𝑂, and 0.92% other substances [185].  

Considering the definition of exergy under the assumptions listed, and proposed balances, the 

equations for the calculation of exergy destroyed during the process occurring in the main 

components of the proposed configuration of combined energy system are developed and shown 

in Table 3.4&3.5. 
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Table 3.4 Component wise exergy balance equations for the combined HCCI engine-ERC [184, 

222] 

Component Balance Equations 

Compressor (Comp1) Ėx,D,Comp1 = ṁ1(𝑒𝑥,1 − 𝑒𝑥,2) + 𝑊̇𝐶𝑜𝑚𝑝1 

Regenerator (Reg1) Ėx,D,Reg1 = ṁ2(𝑒𝑥,2 − 𝑒𝑥,3) + ṁ8 (𝑒𝑥,8 − 𝑒𝑥,9) 

Fuel vaporizer (FV1) Ėx,D,FV1 = ṁ3𝑒𝑥,3 + ṁ4𝑒𝑥,4 − ṁ5𝑒𝑥,5 

HCCI engine 

(Compression) process,1´-2´ 

Ėx,D,Comp = ṁ5(𝑒𝑥,1´ − 𝑒𝑥,2´) + 𝑊̇𝑐𝑜𝑚𝑝 − 𝑄̇𝑠𝑢𝑟𝑟 (1 −
𝑇0

𝑇
) 

Heat addition process, 2´-3´ 
Ėx,D,Heat addition = ṁ5(𝑒𝑥,2´ − 𝑒𝑥,3´) + 𝑄̇𝐻 (1 −

𝑇0

𝑇𝐻
) 

Expansion process, 3´- 4´ 
Ėx,D,exp = 𝑚̇5(𝑒𝑥,3´ − 𝑒𝑥,4´) − 𝑊̇𝑒𝑥𝑝 − 𝑄̇𝑠𝑢𝑟𝑟 (1 −

𝑇0

𝑇
) 

Blowdown Process, 4´-5´ 
Ėx,D,𝑒𝑥ℎ & 𝑏𝑙𝑜𝑤𝑑𝑜𝑤𝑛 = 𝑚̇5(𝑒𝑥,4´ − 𝑒𝑥,5´) − 𝑄̇𝑠𝑢𝑟𝑟 (1 −

𝑇0

𝑇
) 

Catalytic convertor (CC1) Ėx,D,CC1 = ṁ6𝑒𝑥,6 − ṁ7𝑒𝑥,7 + ṁ6𝑒𝑐ℎ 

Turbine (T1) Ėx,D,T1 = ṁ7(𝑒𝑥,7 − 𝑒𝑥,8) − 𝑤𝑇1 

Boiler (Boi) 
ṁ18ex18 + Q̇boi (1 −

T0
Tave,boi

) = ṁ11ex11 + ṁboiexd,boi 

Pump (P1) Ėx,D,P1 = ṁ17(ex,17 − ex,18) + 𝑊̇P1                                                                                                                      

Ejector (Eje) Ėx,D,Eje = ṁ11𝑒𝑥,11 + ṁ16𝑒𝑥,16 − ṁ12𝑒𝑥,12 

Condenser (Cond1)  Ėx,D,Cond1 = ṁ12𝑒𝑥,12 + ṁ𝐶𝑜𝑛𝑑1(𝑒𝑥,𝐶𝑜𝑛𝑑1,𝑖 − 𝑒𝑥,𝐶𝑜𝑛𝑑1,𝑜)

− ṁ13𝑒𝑥,13 

Expansion valve (EV1) Ėx,D,EV1 = ṁ14(𝑒𝑥,14 − 𝑒𝑥,15) 
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Evaporator (Evap1) Ėx,D,Evap1 = ṁ15(𝑒𝑥,15 − 𝑒𝑥,16) + ṁ𝐸𝑣𝑎𝑝1(𝑒𝑥,𝐸𝑣𝑎𝑝1,𝑖 − 𝑒𝑥,𝐸𝑣𝑎𝑝1,𝑜) 

Table 3.5: Equations of exergy balance for the components of ARC cooling cycle [224] 

Component Balance Equations 

Generator (Gen)  Ėx,D,Gen = ṁ9(ex,9 − ex,10) + ṁsolex,25

− (ṁsol − ṁref)ex,26 − ṁrefex,19 

Condenser (Cond2) Ėx,D,Cond2 = ṁref(ex,19 − ex,20) + ṁ𝐶𝑜𝑛𝑑2(ex,𝐶𝑜𝑛𝑑2,i −

ex,𝐶𝑜𝑛𝑑2,o)   

Expansion Valve (EV2a) Ėx,D,EV,abs = ṁref(ex,20 − ex,21) 

Evaporator (Evap2) Ėx,D,Evap2 = ṁrefex,21 + ṁ𝐸𝑣𝑎𝑝2ex,Evap2,i − ṁrex,22

− ṁ𝐸𝑣𝑎𝑝2ex,Evap2,o 

Expansion Valve (EV2b) 𝐸̇𝑥,𝐷,𝐸𝑉2𝑏 = (𝑚̇𝑠𝑜𝑙 − 𝑚̇𝑟)(𝑒𝑥,27 − 𝑒𝑥,28) 

Absorber (Abs) Ėx,D,ab = (ṁsol − ṁref)ex,28 + ṁrefex,22 + ṁ𝐴𝑏𝑠ex,Abs,i

− ṁsolex,23 − ṁAbsex,Abs,o 

Pump (P2) 𝐸̇𝑥,𝐷,𝑃2 = 𝑚̇𝑠𝑜𝑙(𝑒𝑥,23 − 𝑒𝑥,24) + 𝑊̇𝑃2 

Heat Exchanger (HE) Ėx,D,HE = (ṁsol − ṁref)(ex,26 − ex,27) + ṁsol(ex,24 − ex,25) 

3.5 Evaluation criteria 

Habitually, the performance of energy conversion system is determined based on first law 

efficiency which is a measure of the percentage of the energy input that is transformed to useful 

energy output. The energy efficiency of the proposed cooling power-cogeneration system which 

can be evaluated by applying first law, may be presented as: 
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𝜂𝑒𝑛,𝑐𝑜𝑚𝑏 =
𝑊̇𝐵𝑇− 𝑊̇𝐸𝑗𝑒,𝑃+𝑄̇𝑟𝑒𝑓

𝑚̇𝑓𝐿𝐻𝑉𝜂𝑐𝑐
                                                                                                         (3.31) 

where, 𝑊̇𝐵𝑇 is the brake thermal power, and 𝑊̇𝐸𝑗𝑒,𝑃 is the power consumed by the refrigerant pump, 

respectively. 𝑚̇𝑓 is the rate of fuel consumption, and LHV is the lower heating value of fuel, 𝑄̇𝑟𝑒𝑓 

is the rate of cooling capacity, and 𝜂𝑐𝑐 is the combustion efficiency.  

The network produced in the HCCI engine which will be available as a useful work may be 

obtained after using the expression [30] 

𝑊𝐷 = [(
𝑃3
′𝑉3
′−𝑃4

′𝑉4
′

𝑛−1
) − (

𝑃2
′𝑉2
′−𝑃1

′𝑉1
′

𝑛−1
)]                                                                                               (3.32) 

𝑊𝐵𝑇 = 𝐴𝑐𝑡𝑢𝑎𝑙 𝑊𝐷 = 0.8 ∗ 𝑊𝐷                                                                                                  (3.33) 

Where 𝑊𝐵𝑇 is the actual work done which is used to calculate brake thermal efficiency of HCCI 

engine                                                                                        

Since the two energy outputs of the proposed cycle; power generation and rate of cooling produced 

are different from quality point of view because power is free from entropy and cooling is 

associated with entropy, therefore, thermal efficiency based on traditional first law approach is not 

suitable for systems which produce two different outputs of energy. In this context, a relatively 

new term called exergy efficiency was introduced which provides a more accurate measure of 

thermodynamic performance of the cycle and it is given by  

𝜂𝑒𝑥,𝑐𝑜𝑚𝑏 =
𝑊̇𝐵𝑇−𝑊̇𝐸𝑗𝑒,𝑃+𝐸̇𝑟𝑒𝑓

𝑚̇𝑓𝐿𝐻𝑉𝜂𝑐𝑐𝜑
                                                                                                         (3.34) 

where, 𝐸̇𝑟𝑒𝑓is the amount of exergy associated with the cooling capacity 𝑄̇𝑟𝑒𝑓 and is given by  

𝐸̇𝑟𝑒𝑓 = 𝑄̇𝑟𝑒𝑓 (
𝑇0−𝑇𝐸𝑣𝑎𝑝

𝑇𝐸𝑣𝑎𝑝
)                                                                                                                  (3.35) 
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Where, 𝑇𝐸𝑣𝑎𝑝 is the evaporator temperature, T0 is the ambient temperature, and   is the ratio of 

exergy of the fuel to its energy [186].  

3.6. Results and discussion 

Below are the computational results revealed after conducting the energetic and exergetic 

performances of the HCCI engine fueled by wet-ethanol and bottoming with the ERC/ARC for 

cooling-power cogeneration. Results are computed for the use of R134a and R290 as the 

refrigerants of ERC, and LiBr-H2O as working fluid pair for ARC. In the analysis, the effects of 

altering the turbocharger pressure ratio, turbocharger compression ratio, ambient temperature is 

investigated on the efficiencies of combined cycle. The effect of entrainment ratio and generator 

temperature variation was also examined on the COPs of ERC and ARC, respectively. 

Fig. 3.4 represents the change in energy efficiency of HCCI engine based combined system after 

altering the turbocharger pressure ratio. The HCCI engine efficiency evaluated on first law basis 

is found to be increasing with the rise of pressure ratio across the turbocharger. This is due to the 

reason higher turbocharger pressure improves the fuel-air mixing along with the increase of charge 

density which raises the temperature of mixture and hence the engine power output. Further, for 

the same turbine and compressor efficiencies and regenerator effectiveness any rise in 

turbocharger pressure ratio results in the increase of engine exhaust temperature which is an inlet 

temperature to the boiler and this will increase the heat transfer to refrigerant passes through the 

boiler of ERC or the generator of ARC and this in turn improves the cooling capacity of the 

evaporator of cycle concerned. This simultaneous increase in the output of HCCI engine and the 

cooling capacity of refrigeration cycle contributes to rise in the efficiency of cooling-power 

cogeneration cycle. Change of refrigerant in the ERC from R134a to R290 reduces the energy 
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efficiency of cogeneration cycle because of the considerable difference in boiling point of                 

(-26.1℃) for R134a and (-42.110C) for R290. Further, lower refrigeration output for R290 

(propane) operated system attributes to the low critical temperature of propane (96.740C) 

compared to higher critical temperature of R134a (101.10C). Relatively a high motive flow 

temperature is required to produce the decent refrigeration output and hence the lower critical 

temperature of refrigerant is a hinderance in obtaining the higher output. It is further noticed that 

an increase in pressure ratio across the turbocharger from 2.5 to 3.5 raises the HCCI engine first 

law efficiency from 44.09% to 46.32%, and for cogeneration it is increased from 47% to 49.21% 

when R134a is used as ERC refrigerant and from 46.06% to 48.29% when R290 is the ERC 

refrigerant, and in case of ARC bottoming it is increased from 55.08% to 57.25%.  

 

Fig. 3.4. Variation of energy efficiency of HCCI, HCCI-Ejector system, HCCI-Absorption system 

with turbocharger pressure ratio 

42

44

46

48

50

52

54

56

58

60

2.5 2.75 3 3.25 3.5

HCCI energy  efficiency HCCI-Ejector energy efficiency with R134a

HCCI-Absorption energy efficiency HCCI-Ejector energy efficiency with R290

E
ff

ic
ie

n
cy

(%
)

Turbocharger pressure ratio



106 

 

Fig. 3.5 displays the influence of turbocharger pressure ratio on the exergy efficiency of HCCI 

engine and the cogeneration system for both ERC and ARC, respectively. The exergy efficiency 

of HCCI engine is shown to be distinct than its energy efficiency and this difference is found 

because of the considerable difference between the exergy and energy of fuel supplied. Since 

exergy efficiency of HCCI engine is the ratio of power exergy to the fuel exergy, therefore, exergy 

efficiency is higher than the corresponding energy efficiency of HCCI engine. The exergy 

efficiency of combined cycle (power and cooling) is found to be lower than its energy efficiency. 

The exergy of refrigeration is thermodynamically lower than the refrigeration capacity and since 

this difference dominates over the difference between the exergy and energy of ethanol, therefore, 

exergy efficiency of cogeneration which is the exergetic output to the exergy of fuel input is 

appeared to be lower than the energy efficiency of cogeneration. Similar to the trend of energy 

efficiency of cogeneration, the exergy efficiency of cogeneration cycle where cooling is produced 

by the bottoming of ARC is found to be larger than the exergy efficiency of cogeneration 

bottoming with ERC. 
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Fig. 3.5. Variation of exergy efficiency of HCCI, HCCI-Ejector system, HCCI-Absorption system 

with turbocharger pressure ratio 

Fig. 3.6 displays the impact of turbocharger compressor efficiency on the energy efficiency of 

HCCI engine and cogeneration with both ERC and ARC.  The energy efficiency of HCCI engine 

is found to be increased at the rise of turbocharger compressor efficiency. This is because higher 

turbocharger efficiency decreases the compressor power input and the turbine power as well which 

results in the decrease of engine exhaust temperature and the higher energy efficiency of the 

engine. Further, it is to be noted that increase in turbocharger compressor efficiency results in the 

decrease of energy contents of gases enters the boiler/generator of ERC/ARC which decreases the 

mass flow rate of the refrigerant and hence the refrigeration capacity of the bottoming cycle. Since 

increase in HCCI engine power dominates over the decrease of cooling capacity of ERC/ARC, 

therefore, the energy efficiency of cooling-power cogeneration cycle is also increased when the 

turbocharger compressor efficiency increases. At a given turbocharger compressor efficiency, the 

52

52.5

53

53.5

54

54.5

55

55.5

56

2.5 2.75 3 3.25 3.5

HCCI exergy efficiency HCCI-Ejector exergy efficiency with R134a

HCCI-Absorption exergy efficiency HCCI-Ejector exergy efficiency with R290

E
ff

ic
ie

n
cy

(%
)

Turbocharger pressure ratio



108 

 

energy efficiency of cogeneration cycle ARC is employed as the bottoming cycle is considerably 

higher than ERC employed cycle for cooling. It is shown that raising of turbocharger efficiency 

from 0.7 to 0.9 increases the HCCI engine efficiency from 44.51% to 45.93%, and the energy 

efficiency of R134a operated ERC cogeneration increases from 47.41% to 48.83% and of the ARC 

cogeneration increases from 46.48% to 47.9%, respectively. 

 

Fig. 3.6. Variation of energy efficiency of HCCI, HCCI-Ejector system, HCCI-Absorption system 

with turbocharger compressor efficiency 
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the exergy efficiency of cogeneration cycle is little higher than the exergy efficiency of HCCI 

engine. It is recorded that increase in turbocharger compressor efficiency from 0.7 to 0.9 raises the 

exergy efficiency of HCCI engine from 52.72% to 54.56%, and for the ARC cogeneration cycle it 

is increased from 53.75% to 55.58%, respectively. 

 

Fig. 3.7. Variation of exergy efficiency of HCCI, HCCI-Ejector system, HCCI-Absorption system 

with turbocharger compressor efficiency 
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reduction of energy losses at the heat exchanger components of ERC and ARC but the decrease in 

the engine output dominates over the increase in capacity of refrigeration. Therefore, the efficiency 

of cogeneration diminishes gradually when the ambient temperature rises. Since the refrigeration 

capacity of ARC at a given temperature is greater than the refrigeration capacity of ERC, therefore, 

the efficiency of HCCI engine combined with the ARC is considerably greater than the case of 

ERC bottoming. Further, it is observed that at a given ambient temperature the exergy destroyed 

in the R290 operated ERC at the condenser and expansion valves is greater than the exergy 

destroyed in the R134a operated ERC, therefore, the efficiency of R143a operated ERC 

cogeneration is found to be higher than the efficiency of R290 operated cogeneration cycle. 

 

Fig. 3.8. Variation of energy efficiency of HCCI, HCCI-Ejector system, HCCI-Absorption system 

with ambient temperature 
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Fig. 3.9. Variation of exergy efficiency of HCCI, HCCI-Ejector system, HCCI-Absorption system 

with ambient temperature 

The influence of ambient temperature on the exergy efficiency of HCCI engine and the 

cogeneration cycle was also computed and depicted in Fig. 3.9. The exergy efficiency of HCCI 

engine behave similar to its energy efficiency but diminishes more gradually because of decrease 

in physical exergy of fuel at higher ambient temperature. On the other hand, the exergy efficiency 

of cogeneration cycle combined with ARC/ERC start increasing because of the increase of exergy 

of refrigeration with the rise of ambient temperature. By definition, exergy of refrigeration is the 

ratio of the refrigeration capacity to the Carnot COP operates between the refrigeration temperature 

and ambient temperature. Since cooling capacity of ARC for the same heat input is greater than 

the cooling capacity of ERC, therefore, the rate of increase in the exergy efficiency of cogeneration 
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efficiency of cogeneration (HCCI engine combined with ERC) for the same increase of ambient 

temperature. 

The effect of change in the entrainment ratio and refrigerant type on the energetic and exergetic 

COPs of ERC was also examined and is shown below in Fig. 3.10.  Both energetic and exergetic 

COPs are found to be decreased gradually when the entrainment ratio is increased. This is because 

entrainment ratio (refrigerant mass flow rate via evaporator to the flowing mass entering the 

ejector) increases with the increase of boiler temperature and for the constant heat load of the boiler 

this leads to the reduced mass flow of refrigerant entering the ejector and hence a lower entrained 

mass flow rate from the evaporator. Since the decrease in entrained mass flow rate of refrigerant 

is less than the decrease of its motive mass flow rate, therefore, amount of cooling produced which 

diminishes gradually which shows a slight decrement in the COP of ERC. The magnitude of the 

exergy of refrigeration is always less than the refrigeration effect but both depend strongly on mass 

of refrigerant flowing through the evaporator to generate cooling, therefore, the exergetic COP of 

ERC is also decreases gradually with the rise of entrainment ratio. 
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Fig. 3.10. Variation of energetic and exergetic COPs with entrainment ratio 

Fig. 3.11 shows the variation in COP of the absorption refrigeration cycle (ARC) with the rise in 

generator temperature. At a constant evaporative cooling, temperature of heat transfer fluid has 

been increased which results in the increase of generator temperature. This rise in temperature also 

increases the pressure. This in turn decrease the pressure at the outlet of expansion valve, which 

determines the evaporator temperature and refrigeration capacity. Therefore, the heat input to 

generator is increased, while keeping the cooling output as constant in the ARC. Since the energy 

and exergy supplied to the generator plays an important role in the determination of COP, 

therefore, the energetic and exergetic COP of ARC are decreased at the rise of generator 

temperature. A rise in generator temperature from 359K to 367K, declines the energetic COP of 

ARC from 0.7333 to 0.7299 and its exergetic COP from 0.1100 to 0.1094, respectively. 
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Fig. 3.11. Variation of energetic and exergetic COPs with generator temperature 

The breaking down of fuel energy supplies to combined cycle (HCCI engine-ERC) at its base line 

operation is illustrated in Fig. 3.12. From the ERC employed combined cycle where R134a is the 

refrigerant, it is determined that out of 333.36 kW of fuel energy supplied, 130.1 kW is the 

produced power and 9.767 kW is the refrigeration of thermal load. About 101.34 kW of energy is 

lost via engine heat transfer and 45.72 kW is the energy lost via thermal exhaust to atmosphere, 

and 59.07 kW is the energy losses at the refrigerant condenser. In case of R290 operated ERC, 

because of the lower boiling point, refrigeration effect produced by R290 refrigerant is 

considerably less than R134a and found as 6.706 kW and energy losses at the refrigerant condenser 

also reduces from 59.07 kW to 56.04 kW.  
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Fig. 3.12. Distribution of fuel energy in the HCCI engine-ERC combined cycle of cogeneration 

The breaking down of fuel energy supplies to combined cycle (HCCI engine-ARC) at its base line 

operation is illustrated in Fig. 3.13. The distribution of fuel energy supplied to HCCI engine-ARC 

is showing quite different figure for the refrigeration effect and the energy losses at the refrigerant 

condenser. The refrigeration produced by ARC is significantly larger than ERC because of the 

higher boiling point of water which act as refrigerant in the LiBr-H2O mixture and it is found as 

35.62 kW. The energy losses at the condenser and absorber of ARC are 38.3 kW and 46.29 kW, 

respectively. The distribution of fuel energy in the components of HCCI engine is unaltered by 

changing the type of bottoming cycle from ERC to ARC. 
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Fig. 3.13. Distribution of fuel energy in the HCCI engine-ARC combined cycle of cogeneration 

Employment of the principle of the decrease of exergy enunciated from the combined application 

of the first and second laws of thermodynamics to the developed wet-ethanol fuelled combined 

power and cooling cycle provides a breakdown of the amount of fuel exergy supplied and is 

converted into engine power exergy and the refrigeration exergy, and loss of exergy as well as the 

exergy degraded due to generation of entropy during energy transformation in the cycle 

components. To this effect, the breaking down of input exergy into the exergy destroyed, loss of 

exergy, and the exergy produced was computed and is depicted in Fig. 3.14.  
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Fig. 3.14. Distribution of fuel exergy in the combined cycle (HCCI engine-ERC) configuration 

In case of ERC employed bottoming cycle for cold production, from the 275.5 kW of exergy 

supplied to combined cycle, 130.1 kW is the power exergy and 0.811 kW is the exergy of 

refrigeration (R134a refrigerant). Following are seen as the components of high exergy 

destruction; HCCI engine (61.19 kW), boiler (20.46 kW), catalytic convertor (17.89 kW), and the 

exergy destruction in rest of the components of combined cycle is significantly less compared to 

above figures and hence not mentioned by shown clearly in Fig. 3.14. The losses of exergy via 

engine heat transfer and thermal exhaust are found to be as 37.21 kW and 7.818 kW, respectively. 

Replacement of R134a with R290 as the ERC refrigerant changes the exergy of refrigeration from 

0.811 kW to 0.5568 kW, exergy destruction in the boiler from 20.46 kW to 21.29 kW, exergy 

destruction in the ejector from 3.643 kW to 2.876 kW, exergy losses at the condenser from 1.044 

kW to 1.243 kW, respectively. These differences of refrigeration exergy and exergy destruction in 
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the boiler, ejector, and condenser arises due to the considerable difference of boiling point of two 

refrigerants. 

The breaking of fuel exergy into the exergy destroyed, exergy produced, and losses of exergy via 

exhaust to environment for the combined cycle of HCCI engine-ARC configuration is displayed 

in Fig. 3.15. A significantly high exergy of refrigeration is found 2.819 kW compared to less than 

1 found in case of ERC. Exergy destruction in the generator is 18.69 kW and in the condenser is 

1.18 kW. These figures are different from ERC because of having a considerable difference of 

boiling points of R134a, R290, and water which are utilized as refrigerants in cycles considered 

for analysis. The exergy destruction in the evaporator of ARC is 0.105 kW compared to 0.805 Kw 

in case of R134a ERC. This distinction arises because of the difference of the LiBr-H2O ARC 

evaporator temperature above than 00C and can be much less than 00C in case of ERC evaporator. 

The exergy destruction in the absorber is also found to be considerable 2.115 kW because of the 

mixing (source of entropy generation) of absorbent and refrigerant in the absorber. Similar to 

energy distribution, exergy distribution of fuel in the HCCI engine components is also found 

unaltered after changing the bottoming cycle from ERC to ARC. 
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Fig. 3.15. Distribution of fuel exergy in the combined cycle (HCCI engine-ARC) configuration 
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Chapter 4 

Investigation of a combined refrigeration and air conditioning system 

based on two-phase ejector driven by exhaust gases of natural gas 

fueled homogeneous charge compression ignition engine 

 

4.1. Introduction 

The increasing rate of the global energy consumption for refrigeration and air conditioning is a 

basic issue that our society has to manage due to the consequent problems, as the greater increase 

of greenhouse gas emissions and fast depletion of fossil fuel reserves [202]. Commitment to meet 

out the refrigeration and air conditioning needs in a sustainable manner is a climate change 

challenge. In this regard, waste energy recovery from prime movers such as; gas turbine, internal 

combustion engines, and steam power plants creates an appealing opportunity of energy saving 

and mitigation of carbon footprint [227]. Moreover, development of cooling-power cogeneration 

system provides an assistance in resolving the concern related to energy crisis and climate change. 

Producing the refrigeration is more expensive than heating and power generation in majority of 

applications as it requires refrigeration machine and electricity. Therefore, recovery of waste heat 

from the engines for the additional generation of power and cooling energy is capable to provide 

economic benefits [187, 193] 

Maintenance of quality through preservation of food products which are transported through road 

vehicles with comfortable journey requires cooling for refrigeration and air conditioning. In the 

land transportation vehicles such as diesel engine aboard trucks, approximately two-thirds of the 
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total energy input is lost as heat rejection to the environment because of the high exhaust gas 

temperature which usually varies between 4000C and 6000C [172, 228]. Therefore, development 

of systems that can convert the engine waste heat directly into cooling in various range of 

temperatures provide a promising means of effectively meeting the cooling demand of land 

transportation vehicles. Cooling systems powered by waste heat of internal combustion engines 

have been widely investigated by many researchers in the recent past. Cooling systems which are 

often used as bottoming cycles in the internal combustion engine are based on absorption 

refrigeration which is considered as a cooling technology where the working fluid pair (strong 

solution) at the expense of thermal energy of the heat source get separated into the absorbent and 

refrigerant. Finally, the refrigerant takes heat to refrigerate the required thermal load at the 

evaporator. Most commonly chosen working fluid pairs for absorption refrigeration systems 

(ARS) are LiBr-H2O and NH3-H2O that can provide cooling in different range of temperatures. In 

the LiBr-H2O operated ARS, use of water as the refrigerant makes the system un-functional when 

the evaporator temperature is lower than 0oC. For producing the refrigeration below 0oC, NH3- 

H2O operated ARS is commonly used, and this in general, is the case of industrial refrigeration 

[229]. However, in the power cycles or internal combustion engines combined with NH3-H2O 

operated ARS, a rectifying column is required which results in the reduction of system 

performance. Moreover, when the high temperature engine exhaust gas is used to drive the 

absorption refrigeration cycles directly, the serious temperature mismatch between the heat source 

and the working fluid results in huge exergy destruction [198]. Further, ARS are largely used for 

exhaust heat recovery applications in industrial and marine applications. It is scarce to have a waste 

heat recovery from automobile engines using ARS.  
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The limitations accompanied by absorption refrigeration systems created a need for the search of 

alternative energy-efficient and sustainable cooling solutions. In this regard, ejector refrigeration 

cycle (ERC) has recently been emerges as one of the very attractive cooling technology options 

because it offers better energy efficiency and low cost of installation. Moreover, its operation 

requires no mechanical power and shows a flexibility in operation with various kind of refrigerants 

[230. In addition to this, ejectors have been found as compact and easier in maintenance compared 

to traditional cooling systems [231-235]. In the literature, many studies are reported regarding the 

application of ejector cooling technology for achieving the processes of sustainable refrigeration. 

The investigations devoted to the study of ERC driven by the exhaust gases of internal combustion 

engine are relatively rare. Yilmaz and Aktas [236] investigated the performance of an ejector 

refrigeration (ER) system driven by the exhaust waste heat of a heavy vehicle engine. In their 

configuration, refrigerants R134a and R245fa were used for the comparative simulation and their 

results show that, the performance of the system would be higher if R245fa is preferred rather than 

R134a with the given operating conditions. Jaruwongwittaya and Chen [214] investigated the 

feasibility of implementing a two stage ejector cooling system in a bus using water as a working 

fluid. Their results indicated that the application of two-stage ejector cooling system to replace the 

vapor compression system for engine waste heat recovery is a suitable alternative and its 

applications leads to the reduction of fuel consumption, green-house gas reduction as well as 

resolve the problem of a high condensing temperature of the cooling system in a bus engine. Xia 

et al. [194] developed a combined power and cooling system for engine waste heat recovery which 

comprises an organic Rankine cycle (ORC) and an ejector refrigeration cycle (ERC). The system 

overall performance was evaluated and an optimization was carried out to search the optimal 

system performance from exergy point of view. Two-phase ejector refrigeration systems have been 
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largely investigated theoretically and experimentally, and in this regard, following studies are 

found. Kornhauser [237] presented a study conducted on different working fluids in vapor 

compression refrigeration system using two-phase ejector. Chaiwongsa and Wongwises [238] 

investigated the performance of ejector refrigeration cycle which consists of a single evaporator 

and a refrigerant separator. The effects of exit diameter of nozzle and the throat section of the 

ejector was ascertained. Pottker et al. [239] performed an experimental investigation on ejector 

cooling system and carried out the analysis without considering the ejector dimensions. Their 

analysis reveals that application of R410A refrigerant in the system provide great thermodynamic 

benefits. A two-phase ejector refrigeration cycle operated on low pressure refrigerants was 

investigated theoretically and experimentally by Lawrence [240]. A theoretical comparative study 

on the use of R143a and R1234yf as refrigerants in ejector cooling system was conducted by 

Lawrence and Elbel [241]. An increase in the COP of 5% and 6%, respectively, was found. Wang 

and Yu [242] examined the effect of component efficiencies on the performance of two-phase 

ejector. In their investigation, a new method of calculation for the component efficiencies of ejector 

was proposed by combining ejector model with the reported data. Zengenhagen and Ziegler [215] 

presented the assessment of an engine exhaust heat driven jet-ejector cooling system integrated to 

turbocharged gasoline engines. They determined the energy efficiency and charge air temperature 

for the use of R134a as the refrigerant in ejector cooling. Unal [216] developed the exhaust heat 

driven two-phase ejector cooling system for reducing the load and fuel consumption of the engine 

of passenger bus. The author stated that application of two-phase ejector as an expansion valve 

can enhance the performance of bus air conditioning system. Zhang et al. [217] developed an 

exhaust heat recovery unit for the automobile integrating to ERC. They analyzed the performance 

of ejector cooling system and recommended a suitable range of operating parameters for the 
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efficient operation of combined system. Above reported investigations proved that two-phase 

ejector cooling systems has a great potential for the recovery of engine exhaust heat. Siddiqui et 

al. [243] proposed a novel combined power and cooling system consisting of the ejector 

refrigeration cycle (ERC) and organic Rankine cycle (ORC) to enhance the overall efficiency of 

wet-ethanol fueled homogeneous charge compression ignition (HCCI) engine. Their results show 

that increase in evaporator pressure of ERC is of the great benefit of thermodynamic performance 

of cogeneration system because its elevation significantly increases the cooling capacity.  Yu et 

al. [244] presented a novel cooling-power cogeneration system consisting of the ORC and ERC 

for the efficient utilization of low grade waste heat. They optimized the system performance and 

working selection for the fixed cooling outputs. Their investigations found perfluoropropane as 

the most suitable working fluid for the proposed system. 

Studies carried out on the recovery of thermal exhaust of alternative fueled internal combustion 

engine reveals that integration of two-phase ejector with the natural gas fueled engine for the 

simultaneous production refrigeration and air conditioning (for food preservation and cabin 

cooling) has not to date been reported in the literature. Moreover, proposal and analysis of a two-

phase ejector cooling system applied for exhaust heat recovery from the relatively new combustion 

technology engine that runs on lean air-fuel mixture and produces least harmful emissions while 

maintaining the higher engine efficiency is very much missing in the literature. Therefore, 

employment of a shaft power driven two-phase ejector which consists of a hermetic reciprocating 

compressor, an air cooled condenser, a separator, and two evaporators for combined production of 

refrigeration and air conditioning and integrated to HCCI engine operated on natural gas has been 

found worth and novel for current investigation. The development of such a cooling-power 

cogeneration system satisfy the diverse consumer’s demands and is having three fold benefits; 
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cooling produced by low temperature evaporator will refrigerate a thermal load for food and 

vaccine preservations and the cooling produced by high temperature evaporator will provide cabin 

cooling or air conditioning of vehicle, and decrease in exhaust temperature due to waste heat 

recovery will reduce the thermal pollution. Proposed system is investigated parametrically to study 

the role of key operating variables such as; equivalence ratio, engine speed, refrigerant condenser 

temperature, efficiency of ejector nozzle, temperature of refrigeration evaporator, and air 

conditioning evaporator on the thermal and exergetic efficiencies of combined cycle as well as on 

the efficiencies of natural gas fueled HCCI engine.  

4.2. Proposed combined cycle description 

Schematic diagram of the combined cycle proposed in this study is displayed in Fig. 4.1. The 

proposed system comprised of a natural gas-fueled HCCI engine and a two-phase ejector system 

and the combined cycle generates power and cooling for air-conditioning and refrigeration, 

simultaneously. The main components of the proposed system are as follows: two compressors, 

regenerator, fuel vaporizer, HCCI engine, catalytic convertor, turbine, heat exchanger, an air-

cooled condenser, an air-conditioner, an ejector, a refrigerator, a separator, and two expansion 

valves. 

Ambient air (1) enters the compressor (C1) where it is compressed to higher pressure (2) and the 

passes through regenerator (Reg) which increases its temperature (3) and then mixed with natural 

gas (4) injected into the fuel mixer (FM). In the fuel mixer, compressed air and natural gas mixture 

forms a homogeneous air-gas mixture (5) and enters to the HCCI engine. This homogeneous 

mixture and residual gases mixed in the cylinder and engine exhaust gases enter (6) to the catalytic 

convertor (CC). The unburned hydrocarbon (UHC) and carbon monoxide (CO) combust in the 
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convertor (CC) which were not burned in the combustion chamber and increases exhaust gas 

temperature due to heat release. The less harmful gases from the catalytic convertor (CC) enter (7) 

to the turbine (T) and generates power to drive the compressors (C1 & C2). The exhaust gases 

from the turbine (T) enter (8) the regenerator (Reg) and exchange heat with the compressed air 

coming from the compressor (C1) and leaves the system (9).    

The compressed air from the compressor (C2) enters the condenser (Cond) (10) where heat is 

rejected out to the environment. The refrigerant leaves the condenser as saturated liquid at (11) 

and goes to the air- conditioner (AC), where it evaporates completely to vapor for air-conditioning 

(13) through the heat exchanger (HX) (11-12) and expansion valve (EV1) (12-13). A heat 

exchanger (HX) between the expansion valve (EV1) and the condenser (Cond) transfers heat from 

the saturated liquid leaving the condenser (Cond) to the saturated vapor going into the compressor 

(C2). The two-phase fluid at the air-conditioner (AC) exit (14) flow into the ejector (Eje) motive 

nozzle. The high-velocity vapor (14a) entrains secondary fluid from the refrigerator (ref) (18) and 

mixes with the primary fluid. Stream (14a) and (18a) mixed together in the mixing chamber, 

resulting in a homogeneous mixture. Pressure increases due to normal shock when mixed fluid 

enters the constant area section. The mixed fluid (15m) decelerates in the diffuser after the shock. 

The mixed two-phase fluid from the ejector (Eje) (15) enters the separator (Sep). The saturated 

liquid fluid at the bottom of the separator (Sep) (16) flows into the refrigerator (ref) to produce 

desired refrigeration effect (17) through the expansion valve (EV2) and the saturated vapor fluid 

(19) is heated when it goes through the heat exchanger (HX) and then enters to the compressor 

(C2) (20). 
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Fig. 4.1. Natural gas operated power and cooling combined cycle 
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4.3. Thermodynamic properties evaluation 

In the internal combustion engines operated on ideal cycle, air is considered as working fluid for 

the processes occurring in the engine cylinder. However, the working fluid appears to be a mixture 

of many gaseous species in the actual engine cycle operation. 

Variation of specific heat of gases with temperature is quite considered in the actual cycle 

operation by ignoring its variation with pressure. The molar specific heat model considered in the 

current study consisting of the variation of 𝐶𝑝̅(𝑇) with temperature in the range 300K to 3000K 

are available in the Ref. [195] 

𝐶𝑝̅(𝑇) = 𝑅̅(𝑎1 + 𝑎2𝑇 + 𝑎3𝑇
2 + 𝑎4𝑇

3 + 𝑎5𝑇
5)                                                                                  (4.1) 

The relation of specific heat with two most prominent thermodynamic properties such as enthalpy 

and entropy can be found as [196]                                                                                                                                                                                                                                                                                                        

ℎ̅𝑖(𝑇) = ℎ𝑖̅(𝑇0)
+ ∫ 𝐶𝑝̅𝑖

(𝑇)𝑑𝑇
𝑇

𝑇0
                                                                                                         (4.2)                                                              

𝑠̅𝑖 (𝑇,𝑝) = 𝑠̅𝑖(𝑇0,𝑝0)
+ ∫

𝐶̅𝑝𝑖
(𝑇)

𝑇

𝑇

𝑇0
𝑑𝑇 − 𝑅̅𝑙𝑛 (

𝑦𝑖𝑝

𝑝0
)                                                                              (4.3)   

In the current investigation, flow streams such as exhaust gases, products of combustion, and the 

air inducted are assumed as gaseous species mixture. Commonly used thermodynamic properties 

of the mixture can be expressed as [196]. 

ℎ̅𝑚𝑖𝑥(𝑇) = ∑ 𝑦𝑖ℎ̅𝑖(𝑇)
𝑛
𝑖=1 ;          𝑠̅𝑚𝑖𝑥(𝑇,𝑃) = ∑ 𝑦𝑖𝑠̅𝑖(𝑇,𝑃) 

𝑛
𝑖=1 ;            𝑀𝑚𝑖𝑥 = ∑ 𝑦𝑖𝑀𝑖

𝑛
𝑖=1                       (4.4) 

The combustion species produce under ideal condition are; water (H2O), carbon di oxide (CO2), 

and nitrogen (N2) from the air. But for the actual combustion process, engine exhaust gases contain 

several other compounds along with H2O, CO2 and N2. The combustion of natural gas in the HCCI 
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engine is assumed to produce the following combustion products as: CO, H2O, CO2, O2, H2, and 

N2. After considering methane as the main component of natural gas, its combustion with air 

results in the formulation of the equation which can be expressed as [245] 

𝐶𝐻4 + (
2

∅
) (𝑂2 + 3.76𝑁2) → 𝑛1𝐶𝑂2 + 𝑛2𝐻2𝑂 + 𝑛3𝑁2 + 𝑛4𝑂2 + 𝑛5𝐶𝑂 + 𝑛6𝐻2                        (4.5) 

The mole fractions, 𝑛𝑖, combustion product species have been computed under the conditions of 

equilibrium.  

Emissions from the HCCI engines such as carbon monoxide and unburned hydrocarbons can 

undergo the process of further oxidation by using Pd-loaded 𝑆𝑖𝑂2 − 𝐴𝑙2𝑂3 as the oxidizing 

catalyst. By employing the equations, the composition and temperature of outlet gases can be 

calculated as [186] 

∑ 𝑛𝑒(ℎ̅𝑓
° + ∆ℎ̅)

𝑒𝑃𝑟𝑜𝑑𝑢𝑐𝑡 = ∑ 𝑛𝑖(ℎ̅𝑓
° + ∆ℎ̅)

𝑖𝑅𝑒𝑎𝑐𝑡𝑎𝑛𝑡                                                                            (4.6) 

4.3.1 Turbocharger compressor 

After considering the fixed value of polytropic efficiency at a given pressure, the air temperature 

at the outlet of compressor can be calculated after employing the equation [60], 

T2 = T1 (
P2

P1
)

(𝛾−1)

𝛾𝜂𝐶                                                                                                                                        (4.7) 

Energy balance applies to compressor gives 

w𝑐 = h2 − h1                                                                                                                                           (4.8) 

4.3.2 Regenerator  
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The compressed air is preheated in the regenerator whose performance is evaluated using its 

effectiveness and it can be shown as 

𝜀ℎ =
[(𝑚̇.c𝑝)2

(T3−T2)]

[(𝑚̇.c𝑝)𝑚𝑖𝑛
(T8−T2)]

                                                                                                                        (4.9) 

The assumption, (𝑚̇. c𝑝)2= (𝑚̇. c𝑝)𝑚𝑖𝑛is considered to calculate the temperature, T3, the 

temperature of air at the outlet of regenerator is determined after applying the equations given 

below 

T3 = T8𝜀ℎ + T2(1 − 𝜀ℎ)                                                                                                                      (4.10) 

H3 − H2 = H8 − H9 → H9 = H8 − H3 + H2                                                                                  (4.11)                                                                              

4.3.3 Fuel-air mixer (FM) 

The temperature at the outlet of fuel-air is determined after applying 

H5 = H3 + H4                                                                                                                                         (4.12) 

4.3.4 HCCI engine 

The gaseous mixture from fuel-air mixer is delivered to HCCI engine and its thermodynamic cycle 

is given in Fig. 4.2. The relation applied to compute the temperature of the mixture for intake 

process (𝑖 − 1′) can be expressed as [245]. 

𝑇1′ =
T𝑖(1−𝑓)

1−
1

(𝑛.r𝑐)[
p𝑒
p𝑖
+(𝑛−1)]

                                                                                                                                (4.13) 

Where n is the average specific heat capacity ratio which was taken as 1.35 for lean combustion, f 

was assumed as 0.03 and pi/pe = 1.4 [246]. 
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The pressure remains unchanged:  

𝑃1′ = P𝑖                                                                                                                                                     (4.14) 

The mixture following the process of compression (1′ − 2′) and combustion, and properties at 2’ 

can be determined.  

Properties after completing the process of heat addition (2’-3’) are computed by  

𝑄̇𝑖𝑛 = 𝑄̇𝑓𝑢𝑒𝑙 − 𝑄̇𝑙                                                                                                                                    (4.15) 

Where 𝑄̇𝑓𝑢𝑒𝑙 is given as 

𝑄̇𝑓𝑢𝑒𝑙 = η𝑐𝑜𝑚𝑏𝑚̇𝑓𝑢𝑒𝑙𝑄𝐿𝐻𝑉                                                                                                                     (4.16) 

The losses inside the combustion chamber are evaluated by considering the combustion efficiency 

[247] 

η𝑐𝑐 = 100 − V% − (1.26 + 0.25C𝑒2 + 0.4C𝑒2
2 ) + (∅ − 0.2486)8.1                                          (4.17) 

Where C𝑒2 = 𝐿𝑛(V%)/𝐿𝑛(2) 

𝑄̇𝑙 (heat losses from cylinder walls) is determined using: 

𝑄̇𝑙 = ℎ𝑐 ∗ 10
−3(𝐴𝑐ℎ + 𝐴𝑐𝑦𝑙)(𝑇𝑎𝑣𝑟 − 𝑇𝑤)/(2 ∗ 𝑚̇𝑎)                                                                    (4.18) 

Where, ℎ𝑐 is the heat transfer coefficient and given as [248]. 

ℎ𝑐 = (3.26𝐿
−0.2𝑝0.8T𝑎𝑣𝑟

−0.73𝜔0.8)                                                                                                        (4.19) 

Where,𝜔 = 2.28𝑠̅𝑝 + (3.24 ∗ 10
−3/6)(𝑉𝑑𝑇𝑟𝑒𝑓(𝑝 − 𝑝𝑚𝑜𝑡)/(𝑝𝑟𝑒𝑓𝑉𝑟𝑒𝑓))                                          (4.20) 

Where 𝑝𝑚𝑜𝑡 is the pressure at motored conditions [25]: 
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𝑝𝑚𝑜𝑡 = 𝑝𝑟𝑒𝑓(𝑉𝑟𝑒𝑓/𝑉)
𝑛                                                                                                                        (4.21) 

The parameters from exit of expansion process (3’-4’) are determined similar to the method 

adopted for the compression stroke (1’-2’).  

The parameters at the outlet of blowdown process are computed using: 

𝑝5′ = 𝑝𝑒                                                                                                                                              (4.22) 

𝑇5′ = 𝑇4′(𝑝4′/𝑝𝑒)
(1−𝑛)/𝑛                                                                                                                 (4.23) 

𝑣5′ =
𝑅̅

𝑀𝑚𝑖𝑥
∗
𝑇
5′

𝑝5′
                                                                                                                                 (4.24) 

Finally, temperature and pressure of gases leaving the exhaust process (5’-6’) are given by: 

𝑇𝑒 = 𝑇5′                                                                                                                                             (4.25) 

𝑝6 = 𝑝5′ = 𝑝𝑒                                                                                                                                   (4.26) 

The heat released by friction is computed by employing the relation [249] 

𝑄̇𝑓 = 𝑚̇𝑡 (183 + 2.3 ((
𝑁

60
) − 𝑁𝑜)𝑉𝐷)                                                                                         (4.27) 

Where 𝑁𝑜 = 30√3/(1000𝑉𝑑) 

The heat accompanied by exhaust gases can be calculated after using: 

𝑄̇𝑜𝑢𝑡 = 𝑚̇𝑡[(ℎ4 − 𝑟. 𝑇4) − (ℎ5 − 𝑟. 𝑇5)]                                                                                      (4.28) 

The net power produced by HCCI engine: 

𝑊̇𝑛𝑒𝑡 = 𝑄̇𝑖𝑛 − 𝑄̇𝑜𝑢𝑡 − 𝑄̇𝑓                                                                                                                (4.29) 
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Fig. 4.2. PV diagram  

4.4. Energy and exergy analyses 

Based on the specifications of the proposed system described above, theory leading to 

simultaneous applications of first and second laws of thermodynamics is employed to carry out 

the analysis which reveals the insights in performance of the proposed combined cycle that 

simultaneously generate power and cooling energy for refrigeration and air conditioning [198, 

245].   

The law of conservation of mass and the principle of energy balance applied to thermodynamic 

system operating under steady state conditions entails the following equations. 

Σ𝑚̇𝑖 − Σ𝑚̇𝑜 = 0                                                                                                                          (4.30) 
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Σ𝑄̇ −  Σ𝑊̇ +  Σ𝑚̇𝑖ℎ𝑖 −  Σ𝑚̇𝑜ℎ𝑜 = 0                                                                                           (4.31) 

Application of thermodynamic theory related to analysis of natural gas fueled HCCI engine [245] 

and the two-phase ejector cycle described by Wang and Yu [242], the equations leading to energy 

balance in the components of the natural gas fueled HCCI engine based refrigeration and air-

conditioning system were derived and are reported in Table 4.1. 

Table 4.1 Component wise energy balance equations for natural gas operated HCCI engine based 

refrigeration and air-conditioning system [60, 241, 245] 

Component Balance Equations 

Compressor (C1) 𝑊̇𝐶1 = 𝑚̇𝑎(ℎ2 − ℎ1) 

Regenerator (Reg) 𝑚̇𝑎 (ℎ3 − ℎ2) = 𝑚̇𝑒𝑥ℎ (ℎ8 − ℎ9) 

Fuel mixer (FM) 𝑚̇𝑎 ℎ3 + 𝑚̇𝑓ℎ4 = (𝑚̇𝑎  + 𝑚̇𝑓)ℎ5 

HCCI engine (Compression) process,1´- 2´ (𝑚̇𝑎  + 𝑚̇𝑓 + 𝑚̇𝑟𝑔)(ℎ2´ − ℎ1´)

= 𝑊̇𝑐𝑜𝑚𝑝 − 𝑄̇𝑠𝑢𝑟𝑟 

Heat addition process, 2´- 3´ (𝑚̇𝑎  + 𝑚̇𝑓 + 𝑚̇𝑟𝑔)(ℎ3´ − ℎ2´) = 𝑄̇𝐻 

Expansion process,3´- 4´ (𝑚̇𝑎  + 𝑚̇𝑓 + 𝑚̇𝑟𝑔)(ℎ3´ − ℎ4´) = 𝑊̇𝑒𝑥𝑝 + 𝑄̇𝑠𝑢𝑟𝑟 

Blowdown Process, 4´-5´ 𝑚̇𝑒𝑥ℎ ℎ4´ = 𝑚̇𝑒𝑥ℎ ℎ5´ + 𝑄̇𝑠𝑢𝑟𝑟 

Catalytic convertor (CC) ∑ 𝑛𝑒(ℎ̅𝑓
° + ∆ℎ̅)

𝑒
𝑃𝑟𝑜𝑑𝑢𝑐𝑡

= ∑ 𝑛𝑖(ℎ̅𝑓
° + ∆ℎ̅)

𝑖
𝑅𝑒𝑎𝑐𝑡𝑎𝑛𝑡

 

Turbine (T) 𝑊̇𝑇1 = 𝑚̇𝑒𝑥ℎ (ℎ7 − ℎ8) 

Compressor (C2) 𝑊̇𝐶2 = 𝑚̇10(ℎ10 − ℎ20) 

Condenser (Cond) 𝑄̇𝐶𝑜𝑛𝑑 = 𝑚̇10( ℎ10 − ℎ11) 
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Heat exchanger (HX)         Q̇𝐻𝑋 = ṁ11(h11 − h12) = ṁ20(h20 − h19)                                                                                                                                    

Expansion valve (EV1) ℎ12 = ℎ13 

Air-conditioner (AC) 𝑄̇𝐴𝐶 = 𝑚̇14 (ℎ14 − ℎ13) 

Ejector (Eje) ṁ14h14 + ṁ18h18 = ṁ15̇ h15 

Separator (Sep) ṁ16h16 + ṁ19h19 = ṁ15̇ h15 

Expansion valve (EV2) ℎ16 = ℎ17 

Refrigerator (ref) 𝑄̇𝑟𝑒𝑓 = 𝑚̇18 (ℎ18 − ℎ17) 

Inefficiencies in the system can be evaluated through the incorporation of exergy into the analysis. 

Further, inclusion of exergy leads to the determination of quality and quantity of energy 

transformation during the change of thermodynamic state. The general expression for the exergy 

of flowing stream operates under the condition of steady-state and ignoring the changes in kinetic 

and potential energies can be presented as 

𝐸̇𝑥,𝐷 = ∑(1 −
𝑇0

𝑇𝑗
) 𝑄̇𝐶𝑉 − 𝑊̇𝐶𝑉 + ∑𝑚̇𝑖𝑒𝑥,𝑖 − ∑𝑚̇𝑒𝑒𝑥,𝑒                                                                   (4.32) 

𝐸̇𝑥,𝐷 is the exergy destruction rate and 𝑒𝑥 is the flow exergy of the stream per unit mass and consist 

of: physical, chemical, potential and kinetic and is given by the following expression  

𝑒𝑥 = 𝑒𝑥𝑘 + 𝑒𝑥𝑝 + 𝑒𝑥𝑝ℎ + 𝑒𝑥𝑐ℎ                                                                                                          (4.33) 

The physical exergy is given by   

𝑒𝑥𝑝ℎ = (ℎ − ℎ𝑜) − 𝑇𝑜(𝑠 − 𝑠𝑜)                                                                                                            (4.34) 

Chemical exergy appears due to the deviations in chemical composition of the substance from the 

species present in the environment [245]: 
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𝑒𝑥𝑐ℎ = ∑𝑥𝑖(𝜇𝑖
∗ − 𝜇𝑖,𝑜) = −∆𝑔𝑖

𝑜 + ∑ 𝑅̅𝑇𝑜𝑥𝑖𝑙𝑛 (
𝑝

𝑝𝑟𝑒𝑓
)                                                                  (4.35) 

The equation which can estimate the destruction of exergy in the components of the proposed 

combined cycle are formulated in Table 4.2. 

Table 4.2 Component wise exergy balance equations for natural gas operated HCCI engine based 

refrigeration and air-conditioning system [186, 241, 242, 245] 

Component Balance Equations 

Compressor (C1) Ėx,D,C1 = ṁ1(𝑒𝑥,1 − 𝑒𝑥,2)+ 𝑊̇𝐶1 

Regenerator (Reg) Ėx,D,Reg = ṁ2(𝑒𝑥,2 − 𝑒𝑥,3)+ ṁ8 (𝑒𝑥,8 − 𝑒𝑥,9) 

Fuel mixer (FM) Ėx,D,FM = ṁ3𝑒𝑥,3 + ṁ4𝑒𝑥,4 − ṁ5𝑒𝑥,5 

HCCI engine 

(Compression) process,1´-

2´ 

Ėx,D,comp = ṁ5(𝑒𝑥,1´ − 𝑒𝑥,2´)+ 𝑊̇𝑐𝑜𝑚𝑝 − 𝑄̇𝑠𝑢𝑟𝑟 (1 −
𝑇0
𝑇
) 

Heat addition process, 2´-

3´ 

Ėx,D,Heat addition = ṁ5(𝑒𝑥,2´ − 𝑒𝑥,3´)+ 𝑄̇𝐻 (1 −
𝑇0
𝑇𝐻
) 

Expansion process, 3´- 4´ 
Ėx,D,exp = 𝑚̇5(𝑒𝑥,3´ − 𝑒𝑥,4´)− 𝑊̇𝑒𝑥𝑝 − 𝑄̇𝑠𝑢𝑟𝑟 (1 −

𝑇0
𝑇
) 

Blowdown Process, 4´-5´ 
Ėx,D,𝑒𝑥ℎ & 𝑏𝑙𝑜𝑤𝑑𝑜𝑤𝑛 = 𝑚̇5(𝑒𝑥,4´ − 𝑒𝑥,5´)− 𝑄̇𝑠𝑢𝑟𝑟 (1 −

𝑇0
𝑇
) 

Catalytic convertor (CC) 𝐸̇𝑥,𝐷,𝐶𝐶 = 𝑚̇6(𝑒𝑥,6
𝑝ℎ
− 𝑒𝑥,7

𝑝ℎ
+ 𝑒𝑥,𝑐𝑎𝑡

𝑐ℎ ) 

 
Turbine (T) Ėx,D,T = ṁ7(𝑒𝑥,7 − 𝑒𝑥,8)− 𝑊̇𝑇 

Compressor (C2) Ėx,D,C1 = ṁ1(𝑒𝑥,20 − 𝑒𝑥,10)+ 𝑊̇𝐶2 
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Condenser (Cond)  
Ėx,D,Cond = ṁ10(𝑒𝑥,10 − 𝑒𝑥,11) − 𝑄̇𝐶𝑜𝑛𝑑 (1 −

𝑇0
𝑇𝐶𝑜𝑛𝑑

) 

Heat Exchanger (HX)                      Ėx,D,HX  = ṁ11(𝑒𝑥,11 − 𝑒𝑥,12) + ṁ20(𝑒𝑥,19 − 𝑒𝑥,20)                                                                                                                                         

Expansion valve (EV1) Ėx,D,EV1 = ṁ12(𝑒𝑥,12 − 𝑒𝑥,13) 

Air-conditioner (AC) 
Ėx,D,AC = ṁ13(𝑒𝑥,13 − 𝑒𝑥,14)− 𝑄̇𝐴𝐶 (

𝑇0
𝑇𝐴𝐶

− 1) 

Ejector (Eje) Ėx,D,Eje = ṁ14𝑒𝑥,14 + ṁ18𝑒𝑥,18 − ṁ15𝑒𝑥,15 

Separator (Sep) Ėx,D,Sep = ṁ15𝑒𝑥,15 − ṁ16𝑒𝑥,16 − ṁ19𝑒𝑥,19 

Expansion valve (EV2) Ėx,D,EV2 = ṁ16(𝑒𝑥,16 − 𝑒𝑥,17) 

Refrigerator (ref) 
Ėx,D,ref = ṁ17(𝑒𝑥,17 − 𝑒𝑥,18)− 𝑄̇𝑟𝑒𝑓 (

𝑇0
𝑇𝑟𝑒𝑓

− 1) 

4.5. Criteria for the overall performance evaluation of the cycle 

The thermal efficiency of the proposed system may be determined by applying first law and it can 

be presented as: 

𝜂𝑡ℎ,𝑐𝑜𝑚𝑏 =
𝑊̇𝑛𝑒𝑡+ 𝑄̇𝐴𝐶+𝑄̇𝑟𝑒𝑓

𝑚̇𝑓QLHV𝜂𝑐𝑐
                                                                                                                (4.36) 

where, 𝑊̇𝑛𝑒𝑡 is the net power produced by HCCI engine, 𝑚̇𝑓 is fuel flow rate, QLHV is the fuel 

heating value of fuel (natural gas), and η𝑐𝑐 is the combustion efficiency. 𝑄̇𝑟𝑒𝑓 and 𝑄̇𝐴𝐶 are the 

cooling capacities of the refrigeration evaporator and air-conditioning evaporator, respectively, 

and the expression for their evaluation are presented in Table 4.2.  

Efficiency based on exergy can be presented as  

𝜂𝑒𝑥,𝑐𝑜𝑚 =
𝑊̇𝑛𝑒𝑡+𝐸̇𝑥,𝐴𝐶+𝐸̇𝑥,𝑟𝑒𝑓

𝑚̇𝑓 𝑒𝑥
𝑐ℎ η𝑐𝑐

                                                                                                    (4.37) 
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where, 𝐸̇𝑥,𝐴𝐶 and 𝐸̇𝑥,𝑟𝑒𝑓 are exergy accompanied  𝑄̇𝐴𝐶 and 𝑄̇𝑟𝑒𝑓 respectively, and are given by  

𝐸̇𝑥,𝐴𝐶 = 𝑄̇𝐴𝐶 (
𝑇0−𝑇𝐴𝐶

𝑇𝐴𝐶
)                                                                                                                                 (4.38) 

𝐸̇𝑥,𝑟𝑒𝑓 = 𝑄̇𝑟𝑒𝑓 (
𝑇0−𝑇𝑟𝑒𝑓

𝑇𝑟𝑒𝑓
)                                                                                                                             (4.39) 

Where,  𝑇𝑟𝑒𝑓, 𝑇𝐴𝐶, 𝑇0 are the refrigeration evaporator temperature, air-conditioning evaporator 

temperature, and ambient temperature, respectively, and 𝑒𝑥𝑐ℎ is the chemical exergy of fuel.  

Engineering Equation Solver (EES) and REFPROP V 9.1 was employed to evaluate the combined 

cycle performance [199, 200].  

Combined cycle consisting of an HCCI engine and the refrigeration, and air -conditioning 

evaporators, following assumptions were taken to develop the thermodynamic model [241, 242, 

245]: 

• In the duct and heat exchanger, pressure losses are neglected. 

• Engine speed was assumed to vary from 1400-2200 rpm. 

• The residual gas fraction was considered to be lower because of the elevated compression 

ratio (f = 0.03). 

• All processes are assumed to be of steady state conditions. 

• No consideration of pressure drop in the pipes. 

• For the components of two-phase ejector cooling cycle, only physical exergy of the 

working fluid is considered in the analysis. 

The chemical exergy of fuel can be expressed as  

𝑒𝑓𝑢𝑒𝑙 
𝑐ℎ = −∆𝑔 + 𝑅̅T0 {𝑥O2𝑙𝑛

𝑃O2
00

𝑃0
+ 𝑦H2𝑂𝑙𝑛

𝑃𝐻2𝑂
00

𝑃0
− ∑ x𝑘𝑙𝑛

𝑃𝑘
00

𝑃0𝐾 }                                                    (4.40) 
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The symbols appeared in above equation are defined in detail in the Ref. [243]. 

Description of the equations employed to model the components of the two-phase ejector which 

is considered in the proposed configuration is formulated in Ref. [242]. 

Table 4.3 Characteristics of Refrigerants 

Refrigerant R717 R290 R600a 

Chemical Formula NH3 C3H8 C4H10 

Normal boiling point (oC) -33.35 -42.2 -12 

Critical pressure (kPa) 11277 4247 3640 

Critical temperature (oC) 132.4 96.7 134.7 

Triple point Temperature 

(oC) 

-77.5 -187.1 -159.6 

Molecular Weight 

(kg/kmol) 

17.03 44.1  58.12  

Safety class B2 A3 A3 

GWP (100 years) 0 <3 <3 

ODP 0 0 0 

4.6. Results and discussion 

The natural gas fueled HCCI engine integrated with the two-phase ejector cooling cycle is 

investigated and explored parametrically. R717, R290, and R600a were employed as refrigerant 

in the two-phase ejector. Properties of these refrigerants are presented in Table 4.3. The effects of 

changing the equivalence ratio, engine speed, refrigerant condenser temperature, efficiency of 

ejector nozzle, refrigeration evaporator temperature, and air conditioning evaporator temperature 

is investigated on the performance of proposed system. Properties utilized in the study of HCCI 
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engine based combined cycle for its base line operation are shown in Table 4.4 and they are in line 

with the reported values of the literature.  

Table 4.4 Input data used for the computation of results of the natural gas operated HCCI engine 

based refrigeration and air-conditioning system 

Environmental temperature (T0) (℃) 30 

Environmental pressure (P0) (kPa) 101.325 

Effectiveness of regenerator  0.78 

Turbocharger efficiency (%) 80 

Compression ratio of engine  16:1 

Catalytic converter  Oxidizing type catalyst, Pd-loaded SiO2–

Al2O3 

Volume of displacement per cylinder 2400 𝑐𝑚3 

Diameter of cylinder  13.7 cm 

Stroke 16.5 cm 

Connecting rod length 26.2 cm 

Fraction of residual gases 0.03 

Speed of engine  1400 - 2200 rpm 

Engine volumetric efficiency (%) 100 

Combustion process in HCCI engine Controlling the bulk auto ignition 

mechanism using chemical kinetics 

Equivalence ratio 0.3-0.9 

Condenser Temperature (℃) 30-40 

Effectiveness of heat exchanger 0.8 

AC evaporator Temperature (℃) 15-25 

Refrigeration evaporator Temperature(℃) (-15) - (-25) 

Nozzle efficiency (%) 85-95 

Mixing chamber efficiency (%) 90 

Diffuser efficiency (%) 85 
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In Fig. 4.3, impact of varying the equivalence ratio on the thermal efficiency of combined cycle is 

observed for the use of three different refrigerants in the two-phase ejector. The energy supplied 

to the engine is determined by the equivalence ratio. Increase in equivalence ratio results in the 

greater release of energy which elevates the in-cylinder pressure and temperature and this in turn 

increase the power generated by the engine from 129 kW to 135.8 kW when an equivalence ratio 

is promoted from 0.3 to 0.9. Further, any increment in equivalence ratio leads to the elevation of 

temperature of catalytic convertor exhaust which expanded in the turbine to generate power in 

order to drive the compressors employed in the combined cycle. The power supplied to drive the 

compressor of bottoming cooling cycle (WC2) is raised from 15.69 kW to 16.57 kW when the 

equivalence ratio is increased from 0.3 to 0.9. This in turn increases the refrigeration capacity Qref 

from 37.43 kW to 39.52 kW and the cooling capacity of air conditioner QAC from 9.91 kW to 10.47 

kW. Enhancement in the performance of HCCI engine along with the simultaneous increase in the 

output of two-phase ejector cooling cycle results in the significant increase of the efficiency of 

combined cycle. Variation of equivalence ratio from 0.3 to 0.9 causes an increase of thermal 

efficiency of combined cycle from 60.05% to 63.26% when R600a is the refrigerant and from 

57.87% to 60.89% when R717 is employed as the refrigerant, and for the application of R290 as 

the refrigerant the efficiency rises from 57.67% to 60.73%. This deviation is observed due to the 

fact that the mass flow rate of refrigerant enters the evaporator is found highest in the R600a and 

lowest in R717 and hence the rate of refrigeration produced by R600a operated bottoming cycle is 

significantly higher due to which the thermal of the cycle is also higher. In case of ammonia 

(R717), the mass flow rate of refrigerant is less but the enthalpy of vaporization is found to be 

greater. On the other hand, in case of propane (R290), the mass flow rate is little higher but 

enthalpy of vaporization is less. Since the enthalpy of vaporization dominates over the mass flow 
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rate, therefore, the thermal efficiency of R717 operated combined cycle is slightly higher than 

R290 operated cycle. 

 

Fig. 4.3. Effect of equivalence ratio on the thermal efficiency of HCCI engine and combined cycle 

 Since exergy efficiency pertaining to HCCI engine is defined as the ratio of power exergy to 

exergy of fuel supplied, therefore, exergy efficiency is lower than the corresponding thermal 

efficiency of HCCI engine because fuel exergy is found larger than the fuel energy. Change in 

equivalence ratio from 0.3 to 0.9 entails an increase in the exergy efficiency of HCCI engine from 

40.15% to 42.12% while its thermal efficiency increased from 47.44% to 49.94% as shown in Fig. 

4.4.  It is interesting to see the exergy efficiency of combined cycle (power and cooling) is lower 

than the exergy efficiency of HCCI engine. This is because in the proposed configuration the net 

power output of HCCI engine alone is the HCCI power plus the net power output of the 

turbocharger (WT-WC1). In the absence of the bottoming cooling cycle, the net power of 
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turbocharger will be added to engine power and hence the net power output of HCCI will increase. 

In case of the employment of bottoming cooling cycle, the net power of turbocharger will be 

utilized to drive the cooling cycle whose evaporators are producing the exergy of refrigeration and 

exergy of air conditioning but these exergies are considerably less than turbocharger net output.  

 

Fig. 4.4. Effect of equivalence ratio on the exergy efficiency of HCCI engine and combined cycle 

Figs. 4.5 and 4.6 shows the impact of change in engine speed on the performance of HCCI engine 

and combined cycle, and both are found to be largely dependent on engine speed. This is because 

at higher engine speed fuel-air mixing is improved and the charge-flow intensity is increased. 

Moreover, the increase in engine speed decreases the loss of heat to cylinder wall and loss in 

exhaust gases. Due to these factors, the thermal efficiency of HCCI engine increase as engine 

speed increases (Fig. 4.5). Since the exergy accompanied by the loss of heat to cylinder wall and 

the engine exhaust gases are also reduced with the engine speed, therefore, its exergy efficiency 

37

38

39

40

41

42

43

0 . 3 0 . 4 5 0 . 6 0 . 7 5 0 . 9

HCCI Exergy efficiency Combined cycle Exergy efficiency with R717

Combined cycle Exergy efficiency with R290 Combined cycle Exergy efficiency with R600a

E
ff

ic
ie

n
cy

(%
)

Equivalence Ratio (∅)



144 

 

also increases. The thermal efficiency of combined cycle is higher than the exergy efficiency of 

HCCI engine because of the reasons explained for the trends obtained in Fig. 4.3. In addition, Fig. 

4.5 shows that thermal efficiency of combined cycle increases because heat supplied to the 

combined cycle decreases due to reduced heat losses at higher engine speed. Since the exergy 

associated with heat input also decrease as the engine speed increases which results in increase in 

the exergy efficiency of the combined cycle as depicted in Fig. 4.6.  

 

Fig. 4.5 Effect of engine speed on the thermal efficiency of HCCI engine and the combined cycle 
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Fig. 4.6. Effect of engine speed on the exergy efficiency of HCCI engine and the combined cycle 

Fig. 4.7 shows the effect of change in the AC evaporator temperature (TAC) on the thermal and 

exergy efficiencies. The temperature of AC evaporator is irrelevant to net power output of HCCI 

engine but it has an impact on the cooling capacity of AC evaporator (QAC) and also on the cooling 

capacity of the refrigeration evaporator (Qref) of the bottoming cycle. As TAC increases, the thermal 

efficiency of the combined cycle goes up in case of the use of R600a and R717 and in case of R290 

applications as working fluid, and it shows a downward trend. This is because in case of all three 

refrigerants, QAC increases with the increase of TAC. Further, increase in TAC raises the enthalpy of 

refrigerant enter the ejector which result in the increase of its velocity at the nozzle exit, causing 

to extract more fluid from the refrigerant evaporator which results in the rise of Qref in case of 

R717 and R600a fluids while in case of R290 applications, a little decrement in Qref is observed. 

Since the contribution of QAC and Qref towards the total energetic performance of the combined 
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cycle is quite small compared to net power output of the HCCI engine, therefore, a considerable 

increase in TAC is resulting in the insignificant variation of the thermal efficiency of combined 

cycle.  The exergy efficiency of the combined cycle is lower than its thermal efficiency, because 

exergy associated with QAC and Qref is significantly less than the magnitudes of QAC and Qref. The 

variation is quite insignificant because in case of R717 and R600a fluids QAC decreases while Qref 

increases and in case of R290 applications both QAC and Qref are found to be decreasing with the 

increase of TAC. 

 

Fig. 4.7. Effect of AC evaporator temperature on the thermal and exergy efficiencies of combined 

cycle 

Fig. 4.8 illustrates the effect of change of refrigeration evaporator temperature (Tref) on the thermal 

and exergy efficiencies of the combined cycle. The Tref is unrelated to HCCI engine power output. 

Thus, the engine power output and the power exergy are remained unchanged. An increase in Tref 
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increases the refrigeration capacity Qref due to which the energetic outcome of the combined cycle 

increased and hence its thermal efficiency increases. The decrement in the exergy efficiency of the 

cycle is so small because the rate of decrease in the exergy of refrigeration reduces with the rise of 

refrigeration temperature. It is seen as Tref increases the thermal efficiency increases from 60.04% 

to 63.52% for R600a operated cycle and it is increased from 57.58% to 61.07% for R717 operated 

cycle when Tref rises from -250C to -150C.  

 

Fig. 4.8. Effect of refrigeration evaporator temperature on the thermal and exergy efficiencies of 

combined cycle 

As depicted in Fig. 4.9, thermal efficiency of combined cycle declines markedly with growing 

Tcond. The condenser temperature is irrelevant to net power output of the engine, so the turbine and 

compressors power remain unchanged. For greater values of Tcond, large enthalpy difference across 

the compressor is determined. For the fixed compressor power, lower mass flow rate of refrigerant 

enters the AC evaporator at state (13) which reduces the cooling capacity. Reduced mass flow rate 
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of primary stream at state (14) causes the corresponding lowering of secondary fluid flow rate and   

consequent drop in cooling capacity of refrigeration evaporator. Simultaneous reduction in the 

cooling capacity of AC evaporator and refrigeration evaporator causes combined cycle efficiency 

to decrease considerably with the rise of condenser temperature. Since combined cycle thermal 

efficiency is weakly prevailed by QAC and Qref, therefore, thermal efficiency exhibits a small 

reduction with increasing Tcond for all of the refrigerants. It is further seen in Fig. 4.9 that exergy 

efficiency of the combined cycle shares a common characteristic: decreasing as Tcond increases. It 

is determined that as Tcond rises, a very slight decline in the exergy efficiency for all of the 

refrigerants is observed. This is because the exergy accompanied by cooling water increases with  

the increase of condenser temperature which in turn reduces the exergy accompanied by QAC and 

Qref. Computation of results reveal that Qref. decreases from 44 kW to 33 kW and the QAC decreases 

from 11 kw to 9 kW while the exergy accompanied by Qref decreases 8.1 to 6.2 kw and the exergy 

associated with QAC decreases from 0.28 kw to 0.21 kW when Tcond increases from 300C to 400C. 

Since the exergy associated with QAC and Qref are quite small compared to QAC and Qref, therefore, 

the exergy efficiency despite of showing a similar trend appears to change insignificantly contrary 

to a significant change in thermal efficiency of the cycle. For R717 fluid, the thermal efficiency of 

the cycle decreases from 61.69% to 57.41% and exergy efficiency also decreases marginally from 

39.01% to 38.57% consequent to the rise Tcond from 300C to 400C. 
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Fig. 4.9. Variation of thermal and exergy efficiencies of combined cycle with condenser 

temperature 

The influence of the nozzle efficiency on performance of the combined cycle is shown in Fig. 4.10. 

Both thermal and exergy efficiencies of the combined cycle are found to be increasing with the 

rise of nozzle efficiency. Enhancement in nozzle efficiency of the ejector, enhances the velocity 

of the motive flow stream at the exit of nozzle which results in the simultaneous increase of the 

mass flow rate of primary fluid and the entrained secondary fluid from the refrigeration evaporator. 

This leads to the increase of cooling capacities of the AC evaporator and refrigeration evaporator 

of the system. Due to this reason, increase in nozzle efficiency, thermal efficiency of the combined 

cycle increases slightly. As the exergy associated by the cooling capacities of both the evaporator 

also increases, therefore, the exergy efficiency of the combined cycle also shares the same trend 

of increasing with the increase of nozzle efficiency. The same trend is observed for all the three 
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refrigerants. An increasing trend is found for the application of all three refrigerants but the change 

in refrigerant does not exhibit a significant variation in the thermal and exergy efficiencies of the 

combined cycle. 

 

Fig. 4.10. Variation of thermal and exergy efficiencies of combined cycle with nozzle efficiency 

After carrying out the energetic performance study, the distribution of energy possessed by natural 

gas which is supplied to the cycle is computed in terms of energy output and energy loss at the 

base case and is illustrated in Fig. 4.11. The results show that for R600a refrigerant, from 305 kW 

of energy input the energetic output of the cycle appears as; net power produced by HCCI engine 

is 132.4 kW, cooling capacity of refrigeration evaporator is 42.75 kW, cooling capacity of AC 
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the cooling capacities and condenser heat loss. It is found that in case of R717 refrigerant, Qref 

becomes 38.48 kW, QAC becomes 10.19 kW, and condenser heat loss becomes 59.77 kW. For 

R290 refrigerant, Qref appears as 37.22 kW, QAC is 12.93 kW, and condenser heat loss becomes 

59.30 kW.  

 

Fig. 4.11. Distribution of fuel energy in natural gas operated HCCI engine based combined cycle 

Fig. 4.12 presents the breaking down of exergy of natural gas in the combined cycle at the base 

case. The total input exergy to the combined cycle is 361 kW (100%). It is evident that out of 

100% exergy input, in case of R717 operated combined cycle, 139.79 kW (38.72%) is the total 

exergy output. Exergy destruction and losses are found as 164.21 kW (45.49%) and 57 kW 

(15.79%), respectively. For R290 refrigerant, exergy output is 139.58 kW (38.67%), exergy 

destruction is 163.98 kW (45.42%), and exergy loss is 57.44 kW (15.91%). For  R600a, exergy 

3
0

5

13
2.

4

-1
0.

19

-3
8.

48

10
8.

94

59
.7

7

52
.5

6

3
0

5

13
2.

4

-1
0.

98

-3
7.

22

10
8.

94

59
.3

52
.5

6

30
5

13
2.

4

-1
2.

93

-4
2.

75

10
8.

94

66
.7

8

52
.5

6

-50

0

50

100

150

200

250

300

350

Heat Input to
the engine

HCCI engine
power output

Air
condintioning

output

Refrigeration
output

Engine heat
loss

Heat lost via
condenser

Heat lost to
the

environment
through
exhaust

Energy distribution with R717 Energy distribution with R290 Energy distribution with R600a

E
n

er
g
y

D
is

tr
ib

u
ti

o
n

 (
k

W
)

Components



152 

 

produced is 140.65 kW (38.96%), exergy destruction is 163.75 kW (45.36%), and exergy loss is 

56.6 kW (15.67%). This data clearly show that change in refrigerant from R717 to R600a, and to 

R290, minorly influence the percentages of exergy produced, exergy destroyed, and exergy loss.  

 

Fig. 4.12. Distribution of fuel exergy input in the produced, exergy destroyed and exergy loss in 

the proposed combined cycle 

A detailed distribution of exergy destruction and exergy loss in each component of the combined 

cycle is illustrated in Fig. 4.13 as an appropriate exergy analysis provide a better understanding of 

the irriversibility of the proposed combined cycle. Detailed analysis reveals HCCI engine as the 

major exergy destructive component where 113.3 kW (31.38%) of the exergy is destroyed. 

Moreover, 36.84 kW (10.21%) of exergy loss in detected in HCCI engine that is the exergy of  

heat losses from cylinder walls to the ambient. Exergy destruction and exergy losses in HCCI 

engine are significantly high because of the irrevesible nature of the combustion process. Next 
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because during this process, the combustion gases react with the material of convertor that leads 

to a chemical reaction which is the main source of entropy generation. Exergy destruction in the 

other components of the system does not exhibit significantly because these components does not 

directly utilize fuel exergy but instead heat exchanging process between the two fluid streams are 

involved that contribute to entropy generation. It is indicating that that there is no potential for 

improvement under the operating parameters considered. Further, loss of exergy from the fluid 

stream of the combined cycle to the ambient is also computed which found to be varies with the 

change of refrigerant in the two-phase ejector cooling cycle. It is shown that for the application of 

R600a, R717, and R290 the losses of exergy are found as 19.76 kW (5.47%), 20.16 kW (5.58%), 

and 20.6 kW (5.70%), respectively. This shows that exergy flow loss does not change appreciably 

with the change of refrigerant assumed in the analysis of the proposed combined cycle. 
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Fig. 4.13. Breaking down of the fuel exergy input in the components of the proposed combined cycle 
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Chapter 5 

Conclusion & Further Recommendation 

 

5.1 Conclusion 

In the present thesis, efforts have been made to reduce the level of pollutant emissions and the 

consumption of fossil fuels in internal combustions engines. A modified mode of combustion 

called HCCI is investigated for the effective exploitation of wet-ethanol with the aim to achieve 

the goal of sustainable transportation. The effect of change of fuel from wet-ethanol to natural 

gas is also determined and the computed results are graphed and commented upon. The impact 

of the variation of key operating parameters of the engine such as turbocharger pressure ratio, 

isentropic efficiency of compressor of turbocharger, engine speed, fuel-air equivalence ratio is 

observed on the output power of HCCI engine and its thermodynamic efficiencies. 

Thermodynamic analysis carried out to investigate the performance of wet-ethanol fueled as 

well as the natural gas operated HCCI engines revealed that significant amount of exergy 

accompanied by engine exhaust heat is expelled which goes unutilized and leads to inefficient 

and environmentally harmful engine performance. This waste heat has been utilized as the 

potential energy source for driving the heat operated refrigeration and air conditioning systems 

in view of reducing the environmental impact and to improve the system efficiency. Exergy 

analysis which systematically combines the First and Second Law of Thermodynamics and 

enables the work generation capacity of energy losses by taking into account the quality of 

energy into consideration has been applied to evaluate the theoretical performance of HCCI 
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engine combined with waste heat operated cooling systems. This method of analysis revealed 

the processes where energy is conserved but the capacity to do work is not. The following 

important conclusions were drawn from the computational results of the present thesis:  

• It is determined that an increase in pressure ratio across the turbocharger from 2.5 to 

3.5 raises the thermal efficiency of cooling-power cogeneration from 47.87% to 50.09% 

when R134a is used as working fluid. Change in refrigerant alters both thermal and 

exergy efficiencies system. 

• As the ambient temperature increases from 290K to 310K, the thermal efficiency of the 

combined system of cogeneration is lowering down but the exergy efficiency of the 

system is raised by a little percentage. 

• Both cooling capacity and the exergy of refrigeration are decreased by greater than 

2.0% in the case of the R134a operated system when the vapor generator pressure (PVG) 

is elevated from 1800 kPa to 2200 kPa. But in the case of R600a operated cogeneration 

this decrease is found to be around 1.9%. 

• The cooling capacity offered by R134a and R290 operated cogeneration system is 

decreased slightly at the increase of entrainment ratio of ERC (𝜇) while for R600a 

operated system the cooling capacity is found to be increased. 

• It is demonstrated that for R134a operated cogeneration system, the cooling capacity is 

increased by 11.34% when the evaporator pressure of ERC (PEvap) rises from 327.4 kPa 

to 348.7 kPa. In the case of the R600a operated system the cooling capacity is increased 

by 12.58% at the rise of PEvap from 175.7 kPa to 186.9 kPa. 

• The change of the degree of superheat of motive flow (∆𝑇𝐻𝐸) shows; in the case of 

the R134a operated cogeneration system, the refrigeration capacity is reduced by 1.55% 

when the ∆𝑇𝐻𝐸 rises from 11.310C to 19.310C. For R290 operated cogeneration 

system, the refrigeration capacity is decreased by 2% when ∆𝑇𝐻𝐸 is elevated from 
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20.860C to 28.860C. Elevation of ∆𝑇𝐻𝐸 from1.70C to 9.70C in the case of R600a 

reduces the capacity of refrigeration by 2.32%. 

• Both energetic and exergetic efficiencies of HCCI engine as well as of cogeneration 

cycle are found slightly increasing when the turbocharger compressor efficiency is 

increased. 

• Elevation of turbocharger pressure resulting in the simultaneous increase of HCCI 

engine power and refrigeration of thermal load.  

• The increase of ambient temperature involves the decline of energy and exergy 

efficiencies of HCCI engine and also the energy efficiency of cogeneration while the 

exergy efficiency of cogeneration is found increasing. 

• Variation of entrainment ratio and type of refrigerant employed shows a marginal 

decline in the energetic and exergetic COPs of ERC. 

• Bottoming of cooling cycles reveals that at the system base line operation, the 

refrigeration performed by ARC, R134a ERC, and R290 ERC were to be as 35.62 kW, 

9.767 kW, and 6.706 kW, respectively. 

•  HCCI engine (61.19 kW), boiler of ERC (20.46 kW), generator of ARC (18.69 kW), 

catalytic convertor (17.89 kW) are discovered as the components of significant exergy 

destruction.  

• Replacement of R134a with R290 as the ERC refrigerant changes the exergy of 

refrigeration from 0.811 kW to 0.5568 kW, exergy destroyed in the boiler from 20.46 

kW to 21.29 kW, exergy destroyed in the ejector from 3.643 kW to 2.876 kW, exergy 

losses at the condenser from 1.044 kW to 1.243 kW, respectively. 

• The exergy destruction in the evaporator of ARC is 0.105 kW compared to 0.805 kW 

in case of R134a ERC. 
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• As the equivalence ratio increases (0.3-0.9), the thermal efficiency of the HCCI engine 

is increased from 47.44% to 49.94%. Thermal efficiency of the combined cycle display 

a similar trend of increasing and rises from 60.05% to 63.26% in case of R600a operated 

cooling cycle and this increasing trend is observed for all the considered refrigerants. 

• Increase in equivalence ratio from 0.3 to 0.9 causes an increase in HCCI engine exergy 

efficiency from 42.15% to 42.12% and the combined cycle exergy efficiency for R600a 

application is found to be increased from 38.02% to 39.89%, respectively. Variation of 

exergy efficiency display a similar charactreistic for other two refrigerants R290 and 

R717. 

• Increasing of engine speed in the range of 1400-2200 r.p.m. leads to an increasing trend 

in both the efficiencies of HCCI engine and the combined cycle. 

For R600a refrigerant, 𝜂𝑡ℎ,𝑐𝑐 increases from 58.02% to 65.58% and the 𝜂𝑒𝑥,𝑐𝑐 

increases from 37% to 41%, respectively. 

• The influence of increase in condenser temperarture (Tcond) leads to a decreasing trend 

for the thermal efficiency of combined cycle. It is found that for R717 

𝜂𝑡ℎ,𝑐𝑐 decreases from 61.69% 𝑡𝑜 57.41%, for R290 decreased from 60.99% to 

57.69%, and for R600a it is decreased from 63.85% to 59.87%, respectively, when Tcond 

rises from 300C to 400C. 

• Energetic analysis of the cycle carried out show that employment of a different 

refrigerant in the bottoming cycle does not alter the engine power output and energy 

losses but it has an impact on the cooling capacities and condenser heat loss. 

• Distribution of fuel exergy results show that out of 100% exergy input, in case of R717 

operated combined cycle, 139.79 kw (38.72%) is the total exergy output and 164.21 

kW (45.49%) and 57 kW (15.79%), are the values for exergy destruction and exergy 
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losses. Further, it is determined that change in refrigerant from R717 to R600a, and to 

R290, minorly influence the percentages of exergy produced, destroyed, and loss. 

• Among all the components of the combined cycle HCCI engine had the main 

contribution in exergy destruction (31.38%) and exegy loss (10.21%) for all the 

refrigerants considered. 

Findings of present study clearly reveals the benefits of exergy analysis over the traditional 

energy analysis.  The comparison between the destruction of exergy at the individual 

component determined that HCCI engine carries a potential of major improvement in view of 

improving the overall efficiency of proposed cogeneration cycle. Estimation of the fuel’s 

energy and exergy distribution in the proposed configuration of power-cooling cogeneration 

behaves distinctly. Moreover, the change in type of refrigerant in the cooling system 

considerably influenced the system’s energetic and exergetic output parameters. 

5.2 Recommendations for Future Research Work 

Ethanol production from corn and the use of wet-ethanol in HCCI engines along with the 

exhaust heat recovery for generation of cooling has been found as one of the most effective 

technologies for realizing the dream of sustainable transportation. Application of the exergy 

analysis methodology in this research helped demonstrate the powerful advantage of this 

method in the analysis of HCCI engine processes and also in the processes of waste heat 

operated cooling cycles. Fuel exergy transformation was investigated using a thermodynamic 

simulation of HCCI combustion operated on wet-ethanol and natural gas. Distribution of fuel 

exergy into the exergy produced, destroyed, and lost from the proposed combined power and 

cooling system computed. There are different aspects of the current study that can be extended 

as follows: 
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• Extending the model to hydrogen enriched natural gas fueled HCCI engine simulation 

can provide additional information of more sustainable exergy transformation during 

the combustion processes. Blending of hydrogen enhance the flame speed of fuel and 

reducing the carbon emissions.  

• Hydrogen enrichment of wet-ethanol and natural gas can provide the opportunity to 

investigate the effect of blending on the reduction of engine irreversibilities, especially 

on in-cylinder exergy destruction.  

• Model of waste heat recovery can be extended to investigate the performance of HCCI 

engine integrated with the new kind of ejector-absorption chiller called NH3-LiNO3 

operated ARC to produce cooling below freezing for food preservations. 

• The EES thermodynamic simulation was developed specifically for cooling production 

using the exhaust heat of HCCI engine through the employment of absorption 

refrigeration cycle and ejector refrigeration cycle. This simulation can be extended to 

simulate other modes of waste heat recovery with a variety of cooling options for 

refrigeration needed in the deep freezing range (e.g., transcritical CO2 operated cycle, 

N2O operated cascaded cycle, etc.) to compare the efficiency of engine exhaust energy 

recovery for cold production required at various levels of temperature.  

5.3 Limitations of proposed model 

The thermodynamic model employed in the present investigation possess some limitations and 

they can be stated as below: 

• The model developed is applicable to steady state condition of HCCI engine which is 

assumed to be operated as an ideal Otto cycle. Real HCCI engine operation deviates 

considerably from Otto cycle behavior. 

• The model is applicable to quantify and identify only the Thermodynamic 

irreversibilities (exergy destruction and losses) occurs during the four basic processes 

of the engine; compression, combustion, expansion, and exhaust. Though in real 

operation of HCCI engine significant amount of thermodynamic irreversibility occurs 
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during the closed portion of the engine cycle from intake valve closure to exhaust valve 

opening. Therefore, to address the real challenges in HCCI engine the model based on 

the theory called “crank angle resoved exergy flow within a complete engine cycle” is 

to be developed and applied to compute the actual fuel exergy distribution in HCCI 

engine cycle. 

• Combustion efficiency is assumed in this model and not been computed by 

incorporating the heat transfer losses during combustion. Though, in real HCCI 

combustion a significant amount of exergy is transferred or loss via heat transfer from 

in-cylinder gas to the surrounding walls which affects the fuel exergy distribution. 

• Present model is limited to apply to the situation of 9% heat lost to the surroundings 

during exhaust and blowdown processes. Though in real operation of HCCI engine heat 

lost during exhaust and blowdown varies and requires to be computed. 

Therefore, for future applications to address the real challenges of HCCI engine a generalized 

model can be developed after eliminating the assumptions taken in the present model. 
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